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Abstract

Plate-type acoustic metamaterials with deep-subwavelength thickness have generated considerable

enthusiasm for addressing low-frequency noise. These metamaterials can be tailored to obtain high

absorption efficiency by manipulating the vibro-acoustics behavior of the flexible structures.

A plate-type acoustic valve resonator is developed and optimised to maximise absorption by

enhancing the Helmholtz resonance with coincident structural vibrations of the plate-type acoustic

valve. The current research initially examines the concept experimentally with a 3D printed valve,

then with the use of analytical and numerical modelling, a structural analysis is performed which

allows the eigenmodes and eigenfrequencies of the plate to be determined. When the resonator prop-

erties are modified, either by changing the depth of the backing cavity, or the thickness of the plate,

for example, the system can be designed such that the Helmholtz resonance can be coincident with a

particular eigenfrequency leading to higher absorption than can be achieved in the absence of such a

flexible plate. In addition, absorption also occurs at frequencies other than the Helmholtz frequency

due to the vibration of the plate at additional eigenfrequencies. Both of these aspects of the technol-

ogy advance the state-of-the-art in Helmholtz resonator design. A good agreement has been found

between the modelling and experimental results. Near-perfect absorption was achieved experimen-

tally, e.g. up to α = 0.995 below 1 kHz, and given that the thickness of the technology can be a very

small percentage of the acoustic wavelength that it is absorbing, deep sub-wavelength ratio absorbers

can be designed, e.g. a ratio of up to 58 was achieved in this study with a 5 mm deep technology at

1.18 kHz.

The plate-type acoustic valve resonator was further characterized using thin plate theory and 2D-

3D numerical simulation. Experimental modal analysis was performed to support the theoretical

approximation, using the laser Doppler vibrometry (LDV) method. The theoretical results showed

good agreement with the experimental measurements, validating the accurate identification of the

structural resonance modes. It was also demonstrated that the structural resonance of the thin plate

can be tailored to achieve high amplitude and broadband sound absorption at low frequencies by

incorporating the Helmholtz resonance.
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Chapter 1

Introduction
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1.1 CONTEXT AND RESEARCH MOTIVATION

1.1 Context and Research Motivation

Noise is an alarming concern due to its harmful effects on the environment, health, and the quality

of human life. Growing urban populations lead to growth in the construction of buildings and private

or public transportation systems. The aviation industry has also seen dramatic growth over 20 years

with passenger numbers rising from 1.5 billion in 1998 to 4 billion in 2017. People who live in

the vicinity of major airports experience considerable amounts of sound pollution. Exposure to loud

noise increases the risk of developing several adverse health conditions such as high blood pressure,

hypertension, fatigue, stress, coronary heart diseases, etc. [1] Sleep disturbance due to noise pollution

also leads to reduced work and school performance hence making it vital to eliminate this undesired

noise.

Traditional natural porous materials such as wool and cotton as well as synthetic glass fiber and

melamine foams etc. have been used for noise reduction for many years. However, these materials

are effective only at reducing high-frequency noise at reasonable thicknesses. According to the mass

density law, thicker porous material is required to attenuate low-frequency noise. Adding mass and

increasing thicknesses (which can equate to reducing useful space) is to be avoided in the construc-

tion of buildings and factories where people can be exposed to noise. With regards to transportation

noise, both weight and space are critical parameters that need to be minimized in order to reduce fuel

consumption and the associated environmental cost [2, 3]. Although composite structures such as

perforated absorbers, acoustic mufflers, double walls with cladding, etc. have been used in rooms,

auditoriums, offices, aircraft fuselages, cars, trains, etc. to attenuate low-frequency noise, the attenu-

ation of low-frequency noise in a thin form factor still remains an intractable challenge.

Since the early 2000s, research in the field of acoustic metamaterials (AMM’s) has expanded

considerably in the application of low-frequency noise reduction. Originating in the fields of electro-

magnetics and optics, the extension to acoustic metamaterials has led to this nascent research activity

in acoustics which has tremendous potential for the development of fundamental science and for rev-

olutionary technological breakthroughs. Acoustic metamaterials are artificial structures that are peri-

odic in nature and which often involve local resonators designed to resonate at specific frequencies,

rendering them, therefore, often tonal or highly narrow bands in nature. The early acoustic metama-

terials primarily consisted of periodic microstructures characterized by specific resonance properties,

and these microstructures were embedded within a matrix material. Later, due to advancements in re-

search, the notion of acoustic metamaterials has broadened and evolved. Torrent and Sánchez-Dehesa

[4] proposed that any artificial acoustic structure, whether it employs a periodic or random structural
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unit, with the capacity to notably change the material’s equivalent acoustic properties, can be cate-

gorized as an “acoustic metamaterial.” While resonators are a common mechanism in AMM’s, there

are other mechanisms and structures that can be employed to achieve unique and desirable proper-

ties. These mechanisms include: scattering elements, phase discontinuities, local resonances, mass

inclusions etc.

Traditionally, micro-perforated panel absorbers (MPPA) have been used for broadband sound ab-

sorption, but typically these only work in mid to high-frequency ranges. Some AMMs research has

been reported for low-frequency sound absorption. Mei et al. [5] demonstrated an elastic membrane

decorated with asymmetric rigid iron platelets, known as a decorated membrane, for low-frequency

absorption as low as 164 Hz. The dimensions of this system are 159 mm x 15 mm x 0.2 mm. Subse-

quently, Li and Assouar [6] proposed a metasurface-based structure that can absorb incident acoustic

energy at a low frequency of approximately 125 Hz, with the total thickness of the system being 12.2

mm. Their structures are composed of a perforated plate and a labyrinthine structure. They also pre-

sented extremely low-frequency absorption (around 50 Hz with the total thickness of the system being

13 mm) with multi-coiled metasurface [7] and broadband sound absorption in the frequency ranges

of 460 Hz–972 Hz and 232 Hz–494 Hz from the two individual supercell-based acoustic metasurface

coiled absorbers and having thickness of 4.5 cm and 9 cm respectively[8]. Lee et al. [9], Wang et al.

[10], Temiz et al. [11], Martincic et al. [12] etc. all studied the MPP-based low-frequency absorber

including the vibroacoustic and panel vibration effect of the structure. McKay et al. [13] very suc-

cessfully developed a novel low-frequency broadband sound absorber called a SeMSA. It is achieved

by combining decorated membranes and micro-perforated plates. This absorber consists of 15 mm

deep cells with a plate thickness of 0.15 mm and 25 mm deep cells with a plate thickness of 0.1

mm. Following that, Davis et al. [14] used graph theory based on a two-point impedance method

to optimize a multi-chamber SeMSAs which resulted in a very broadband low-frequency absorption

response or even an absorption response tailored for fan noise. Killeen, Jack et al. [15] applied the

SeMSA to reduce the fan noise of data-center telecommunications server racks which is particularly

challenging as it is a grazing acoustic and grazing flow boundary condition. Wang and Bennett [16]

applied the two-point impedance method to optimize a multi-chamber MPPA which has resulted in a

very broadband low-frequency absorber.

In the literature, it’s evident that all AMM’s with a low thickness to wavelength ratio depend

on acoustic resonances. Research has demonstrated that in the case of a Single Degree Of Freedom

(SDOF) resonator, the operating frequency band becomes narrower as the wavelength becomes longer

3



1.2 OBJECTIVES OF THE RESEARCH

in relation to the size of the absorber. Some exceptions to this are cited here where the motion of a

cantilever beam absorbs sound through resultant micro-slits. Farooqui and Aurégan [17], Delia et al.

[18] proposed a numerical and analytical model for a structure composed of a flexible cantilever beam

producing acoustic micro-slit with a compact cavity and demonstrating attenuation around 500 Hz

with a 3 cm cavity depth. Aurégan and Farooqui [19] developed a sub-wavelength acoustic absorber

using an MPP-based thin flexible beam with micro-slits for perfect sound absorption in the mid-

frequency range.

In the current work, the concept of a plate-type acoustic valve design has been developed based

on the promising preliminary investigations of off-the-shelf elastomeric valves [20] which are used as

one-way valves in fluidic-control. As is well understood, the standard Helmholtz resonator consists

of a rigid volume with an orifice that is stationary. In this work, a Helmholtz resonator has been

developed which has an unusual plate valve located at the opening. The plate valve is flexible with

the capacity to vibrate at its natural frequencies. When the resonator properties are modified, either by

changing the depth of the backing cavity, or the thickness of the plate-valve, for example, the system

can be designed such that the Helmholtz resonance can be coincident with a particular eigenfrequency

leading to higher absorption than can be achieved in the absence of such a flexible plate-valve.

1.2 Objectives of the Research

The primary aim of the current research is to develop a novel acoustic metamaterial capable of

mitigating low-frequency noise. The developmental process encompasses designing a 3D-printable

plate-type acoustic valve and determining the plate-valve characteristics that influence their acoustic

performance. Additionally, the research involves experimental testing of the plate valve’s acoustic

performance.

Analytical, experimental, and numerical studies constitute the core methodologies employed to

achieve this objective. The analytical approximations are based on thin plate theory. Experiments

are conducted within an impedance tube setup, utilizing two microphone methods and laser Doppler

vibrometry (LDV). For numerical modeling, the finite-element method (FEM) is employed through

the commercial FEM software COMSOL Multiphysics v. 6.0 [21]. This involves utilizing built-in

modules such as pressure acoustics, thermoviscous acoustics, structural mechanics, and multi-physics

coupling to implement a comprehensive numerical model. The acoustic performance of the numerical

model is predicted using eigenfrequency and frequency domain analyses. Validation of simulation

results against theory and measurements precedes the formulation of conclusions.
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1.3 Organization of the Thesis

The thesis is organized as follows:

Chapter 2 is a detailed review of the flexible acoustic metamaterials. The plate-type, membrane-type,

beam-type, and cavity-based acoustic metamaterial are presented in this chapter.

Chapter 3 delves into the mathematical principles governing acoustics, viscothermal effects, and

structural vibrations.

Chapter 4 provides the design and 3D printing of novel acoustic metamaterial (termed as “plate-type

acoustic valve resonator”) and shows total sample design and fabrication procedure with relevant

sketches, design samples, and photographs of fabricated samples.

Chapter 5 includes the documentation of experimental setup and measurement techniques with brief

discussions.

Chapter 6 presents the finite element modeling techniques with COMSOL Multiphysics and model-

ing validation with comparisonal study between several models.

Chapter 7 contains an investigation of the absorption mechanism of the plate-type acoustic valve

resonator.

Chapter 8 provides the vibration analysis of plate-type acoustic valve resonators including the struc-

tural resonance using experimental measurements with a laser Doppler vibrometer.

Chapter 9 concludes the thesis by summarizing research work, perspective future works, and recom-

mendations.
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2.1 ACOUSTIC METAMATERIALS (AMM’S)

2.1 Acoustic Metamaterials (AMM’s)

Acoustic Metamaterials (AMMs) represent an emerging technology aimed at mitigating the challenge

of attenuating low-frequency noise in thin form factors.

The concept of metamaterials was initially proposed by Veselago in the late 1960s for electromag-

netic waves [22]. Initially, metamaterials were conceived around the idea of achieving simultaneously

negative dielectric constants and magnetic permeability, ultimately resulting in a negative refractive

index for electromagnetic (EM) waves. However, it wasn’t until almost three decades later that Pendry

et al. [23, 24] physically realized this concept. Their research introduced designs for artificially struc-

tured materials demonstrating effectively negative permeability and permittivity, showcasing that a

negative refractive index could be achieved through periodic structures.

These seminal papers established a new field in EM metamaterials, sparking subsequent intense

research activity that led to breakthroughs such as overcoming the diffraction limitation for imaging

[23], cloaking EM waves [25], and achieving ultra-broadband light absorption [26].

The development of metamaterials for acoustic wave applications traces back to the initial concept

of a phononic crystal proposed by Kushwaha et al. in 1993 [27]. Phononic crystals are artificially

structured materials with a regular arrangement of individual components, acting as acoustic scatterers

within a matrix. These components possess significant differences in mass densities and/or elastic

moduli, giving rise to distinct acoustic dispersions and band structures. This is achieved through

periodic Bragg scattering and localized Mie scatterings from these individual elements.

Phononic crystals find utility in creating band gaps in the sound wave spectrum, where certain

frequencies of sound cannot propagate through the material, finding applications in sound insula-

tion, waveguides, and the control of acoustic energy flow. The formation of acoustic band gaps in a

phononic crystal heavily relies on the impedance contrast between the periodic elements constructing

the crystal and the surrounding medium.

Similar to the phononic crystal, the initial experimental demonstration of sound attenuation using

a sonic crystal was documented by Martinez and Snchez-Prez in 1995 [28]. An example of a sonic

crystal, an artistic creation by Eusebio Sempere in Madrid, comprised a periodic arrangement of

steel cylinders in air. Sonic crystals, composed of regularly arranged sound scatterers, obstruct sound

propagation within specific frequency ranges, termed bandgaps. These gaps form due to the phys-

ical mechanism of destructive interference between waves reflected by successive planes of sound

scatterers, akin to photonic crystals designed for controlling electromagnetic wave propagation.
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The foundational research area of AMMs, drawing analogies to Maxwell’s equations by equating

permeability and permittivity to effective density and effective bulk modulus, only began to emerge

in the early ’90s.

Acoustic Metamaterials refer to structures involving local resonators typically resonating in lower

frequencies and are characterized by two relevant material properties: effective mass density and ef-

fective bulk modulus. The equation governing scalar pressure wave propagation within a homogenous

linear fluid, without any excitation sources, is represented as:

∇
2 p− ρ

B
∂ 2 p
∂ 2t

= 0 (2.1)

where, p is the acoustic pressure while ρ and B represent the mass density and bulk modulus respec-

tively within the natural media. These values are taken as positive in traditional scenarios, where the

wave velocity (v) is given by v =
√

B
ρ

. However, in the case of Acoustic Metamaterials (AMMs),

these properties not only can exhibit positive values (such as very large or very small), but also neg-

ative values, and even zero. This characteristic leads to distinctive physical phenomena that can be

harnessed to manipulate acoustic wave propagation. These phenomena are defined by Newton’s law

of motion, the continuity equation of fluid, and the adiabatic process of the thermodynamic equation

of state [29].

Figure (2.1) illustrates examples of AMMs compared to extreme consecutive parameters. The

first localized resonant structure with negative mass density was demonstrated by Liu et al. [30],

utilizing a cubic unit cell of a lead sphere coated with a thin uniform layer of silicone rubber. AMMs

exhibiting negative bulk modulus due to the frequency dispersion of local resonances were presented

by Fang et al. [31], employing a series of Helmholtz resonators connected to one side of a channel.

Furthermore, AMMs showcasing double negativity, involving negative mass density and negative

bulk modulus, were experimentally demonstrated by Lee et al. [32]. They used a composite structure

consisting of a periodic array of thin membranes and side holes. In this structure, the array of thin

membranes represents the negative density component, while the combination of side holes and the

tube section volume forms an array of Helmholtz resonators representing the negative bulk modulus

component.

Additionally, Yang et al. [33] and Mei et al. [5] presented membrane-type metamaterials with a

negative effective mass density, offering nearly perfect low-frequency sound absorption with a deep

sub-wavelength ratio. These research endeavors paved the way for developing acoustic absorbers
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using flexible structures, enabling the tailoring of resonance frequency(-ies) to achieve low-frequency

absorption.

Figure 2.1: Examples of the acoustic metamaterial with different values of the mass density and bulk
modulus. (a) Ordinary materials with positive values for the mass density and bulk modulus.(b) A
single-negative acoustic metamaterial, exhibiting a negative effective mass density [30]. (c) Acous-
tic metamaterial exhibiting negative bulk modulus [31]. (d) Double negative AMM’s with negative
effective mass density and negative bulk modulus [32]. (e) Density near zero AMM’s [34]. (f) bulk
modulus near zero AMM’s [35]. (g) A fabricated double zero AMM’s [36] taken from [37].

2.2 Acoustic Metamaterial with Flexible Parts

In recent years, the development of acoustic metamaterial with flexible parts (i.e. plate, membrane,

beam, etc.) for low-frequency noise reduction has drawn tremendous enthusiasm. Plate-type and

membrane-type structures such as Micro-perforated plate (MPP) [38] [39], conventional elastic mem-

branes, and decorated membrane resonators (DMR’s) [33] [5] has been proposed as an acoustic ab-

sorber over the years. Generally, traditional sound absorbers, such as foam or porous materials, adhere

to the mass density law, requiring structures to be sufficiently thick for effective use in low-frequency

applications. Microperforated plates with an acoustic cavity became a popular choice of sound ab-

sorbers due to their high absorption and wide-band performance in low-frequency ranges. Combining

MPP with different resonator structures or slow sound structures has been proposed to obtain very
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low-frequency absorption or multiple absorption peaks. The phenomenon known as ’slow sound,’

is related to the manipulation of acoustic waves in a system by exploiting strong dispersion around

resonances. This unique phenomenon provides the capability to easily modify the speed of sound and

reduce inherent losses by making alterations to the geometry and properties of the resonators within

the system. For example, an acoustic metasurface-based perfect absorber has been developed by Li

et al. [40] combining labyrinthine structures and MPP, which provides unity absorption at 125.8 Hz

with total thickness of the system being 12.2 mm. Also, Gai et al. [41] has investigated the acoustic

properties of the acoustic absorber, named MPP mounted with Helmholtz resonators (MPPHR) which

provides two peak frequencies and one anti-resonant frequency. However, most of the absorbers are

designed with a rigid structure, and the vibration of the structure is often neglected for simplicity or

considered as negligible. As a vibrating structure, several resonance modes can be present. For a

flexible structure, it is possible to take advantage of their resonance modes that appear in low fre-

quencies to obtain multiple absorption peaks. The first flexible panel as a sound absorber has been

introduced by Ford and McCormick [42] in 1969. They developed a theoretical model including the

mass, stiffness, and internal damping of the panel and successfully validated the model using exper-

imental investigation. This research demonstrated that the resonant frequencies of the flexible panel

can be manipulated to obtain sound absorption performance. While the amplitude of the first absorp-

tion peak at the initial resonant frequency is quite low, the second absorption peak is comparatively

higher but exhibits a narrower bandwidth. This paves the way to investigate the resonance modes of

the structure to obtain higher and multiple absorption peaks in further research. Lee and Swenson

[43] has developed a compact sound absorber with a perforated panel backed by a cavity. In the

experimental results, they reported some ”unexpected” resonance peaks and concluded those as the

effect of the vibration of the panel. Frommhold et al. [44] has proposed an analytical model of a

flexible perforated membrane absorber considering the effect of panel vibration. The membrane is

considered a thin plate with clamped edge and the model included the material properties of the plate

as well as the lowest symmetrical resonance modes of the plate. After that, several research has been

reported including the effect of sound-induced vibration in acoustic absorbers.

The benefits of using the flexible panel as an acoustic absorber can be summarized in several

points.

• Flexible structures provide the flexibility and deformability which is necessary in many appli-

cations.
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• As a resonant structure, several structural resonances can appear and can provide multiple

acoustic absorption peaks.

• Considering the flexural rigidity of the structure, the natural frequencies are proportional to the

thickness of the structure particularly for beam, plate, or membrane-type structures. So, the

thin flexible structure can be used for low-frequency applications.

• Other resonant structures (i.e. Helmholtz resonator, MPP, labyrinthine structure) can be com-

bined with flexible structures to improve the absorption amplitude and bandwidth.

• The natural frequencies of the vibro-acoustic/elastic material can be modified using different

materials. Several selections of materials are available for additive manufacturing (i.e. PLA,

ABS, Nylon). The convenience of additive manufacturing (popularly known as 3D printing)

technology also helps to rapid prototyping acoustic metamaterial at a very low cost and in a

less time-consuming process.

In the next section, a detailed review of flexible acoustic metamaterial has been presented starting

with the flexible microperforated plate.

2.2.1 Flexible Microperforated Plate

Micro-and perforated plate as an absorber has been studied extensively after the classical Maa model

presented in 1975 [38]. This analytical model was further extended with approximate formulae,

quantitative analyses, and straightforward design procedures in 1987 and parametric analyses in 1998

[39] by Maa himself. Figure (2.2) illustrates a traditional and flexible microperforated plate with

circular perforations. Based on the solution by Crandall [47] the specific acoustic impedance of the

short tube is

ZST = iωρ0lt

[
1− 2

σ
√
−i

J1(σ
√
−i)

J0(σ
√
−i)

]−1

(2.2)

where

σ = d
√

ωρ0

4µ
(2.3)

and J0 and J1 are the Bessel functions of zeroth order and first order respectively, µ is the dynamic

viscosity, lt the tube length, and d the diameter of the tube, ρ0 is the air density and ω is the angular

frequency. Using the end correction, for microperforated plate, Eq. (2.2) can be simplified as [48]

ZMPP =
ZST

φ
+

√
2ωρoµ

2φ
+

i1.7ωρ0d
φ

(2.4)
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(a) (b)

(c)

Figure 2.2: Traditional microperforated plate with circular perforation. (a) The schematic diagram
for a numerical model with plane wave excitation [45], (b) fabricated sample [46] and (c) A flexible
MPP backed by air cavity Temiz et al. [11].

where φ is the porosity which can be defined as the ratio of the overall area of circular holes and the

total area of the plate. If the MPP is placed in front of the air-filled cavity of depth lcav followed by a

hard wall, the impedance of the acoustic cavity can be written as:

Zcav =−iρ0c0 cot(k0lcav) (2.5)

where k0 is the wave number and c0 is the speed of sound. Though the Maa model works reasonably

well, it assumes the panel to be rigid and does not account for panel vibration. Especially for very

thin plates, significant differences exist between experimental results and predictions from analytical

models. While Ford and McCormick [42] and Frommhold et al. [44] have provided experimental and

theoretical investigations of acoustic panel absorbers without considering the effect of perforations,

Sakagami et al. [49] and Kang and Fuchs [50] developed theoretical models for micro-perforated
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membrane absorbers. These models include the specific acoustic resistance and reactance of the

membrane but do not incorporate the flexural rigidity or bending stiffness of the panel. Notably, only

Frommhold et al. [44] included the bending stiffness of the panel in their analytical model. Since the

MPP with an acoustic cavity system can be represented by the analogy to an electrical circuit and the

normalized acoustic impedance of the total system, Zt can be rewritten as

Zt =
ZMPPZVib

ZMPP +ZVib
+Zcav (2.6)

ZVib =
DpBmnξ

ωt4
p

+
1
jω

(
DpBmn

t4
p

+
ρ0c2

0
lcav

)
+ jωMpAmn (2.7)

where, Amn and Bmn are the modal constants that depend on the boundary conditions of the plate, ξ is

the dissipation factor of the plate material, Mp is the mass per unit area of the panel, tp is the thickness

of the panel, lcav is the air cavity depth, and Dp is the flexural rigidity of the panel and can be written

as

Dp =
Ept3

p

12(1−ν2
p)

(2.8)

where, Ep is the Young modulus and νp is the Poisson’s ratio of the plate material. Sakagami et al.

[51] developed an analytical model of a micro-perforated panel (MPP) that incorporates the effect

of sound-induced vibration as a mass parameter. This simplified approach is based on an electro-

acoustical equivalent circuit model, which is valid under simplified conditions. For instance, it works

well when the mass per unit area does not exceed 2 kg/m2. Beyond this threshold, the difference

in absorption peaks becomes relatively small, and the absorption performance of the vibrating MPP

panel becomes similar to that of a rigid MPP panel.

Lee et al. [9] developed an analytical model combining the effects of the micro-perforated panel

and panel absorbers, including acoustical-structure interactions, and proved experimental validation

of the model. In their model, the wave equation considered only the first acoustic mode and the first

and second structural resonant frequencies. This research concludes that if the structural resonant

frequency is higher than the Helmholtz resonant frequency, the absorption bandwidth can be widened

by selecting the proper value of panel thickness, perforation diameter, etc. The effect of backing

cavity depth and structural damping effect has also been discussed.

Yoo [52] developed the Maa-Flex model based on the flexural movement of the panel. Li et al.

[40] developed an analytical model for finite-sized circular micro-perforated membranes, predict-

ing overall impedance by combining the acoustic impedance for perforation and vibration using an

electric-acoustic analogy. Temiz et al. [11] presented an efficient numerical model for a flexible
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micro-perforated plate ( f -MPP’s) by coupling linear acoustics with classical shell plate theory. The

model included the effect of plate vibration using Kirchhoff’s thin plate equation coupled with the

Helmholtz equation for micro-perforations.

Recently, Zhao et al. [53] proposed a local resonator-based flexible rectangular micro-perforated

panel with simply supported and clamped boundary conditions, demonstrating the acoustic absorption

of the flexible acoustic metamaterial under different boundary conditions using modal displacement

patterns and acoustic impedance. Liu et al. [54] developed a hybrid structure consisting of a flexible

plate and an MPP, adopting the active force control (AFC) technique for low-frequency (100–500

Hz) broadband quasi-perfect absorption. Their theoretical models included the higher modes of AFC

plate vibration but were limited to the odd-odd combination of the structural modes.

2.2.2 Membrane-type AMM

The concept of Membrane-type Metamaterial (MAMM), introduced by Yang et al. [33], incorporates

negative dynamic mass characteristics, enabling sound attenuation within the 100–1000 Hz frequency

range. The basic unit of MAMM consists of a circular thin elastic membrane (20 mm in diameter

and 0.28 mm thick) with a fixed boundary and a small mass (50-300 mg) attached to the center of

the membrane. The fundamental principle underlying this research is the added mass effect. The

resonance frequency ( fr) of a mass-spring system is defined by the equation:

fr =
1

2π

√
k
m

(2.9)

where, k is the spring constant and m is the mass. According to Eq. (2.9), increasing the added mass

of the system can reduce the resonance frequency.

It has been demonstrated that the vibrational eigenfrequencies of the membrane can be tuned by

placing a small mass at the centre of the elastic membrane. Two transmission peaks have been ob-

served: the first one is due to the eigenmode of the combined vibration of the membrane and the

central weight at low frequencies, while the second transmission peak is due to the eigenmode of

the membrane vibration only at high frequencies (where the central weight remains almost in rigid

body mode). A transmission dip between these two eigenmodes has been reported. The vibration

amplitude at the dip frequency can be explained as the combination of the amplitudes for the two

eigenmodes, which are out-of-phase. This membrane-type metamaterial demonstrates near-total re-

flection of acoustic waves in very low frequencies, as low as 200–300 Hz, due to an increase in the

central mass.
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a)

b)

c)

Figure 2.3: Membrane type acoustic metamaterial. a) Transmission amplitude of the sample ob-
tained by experimental measurements (solid red curve) and phase (dotted green curve) where the blue
dashed line represents the transmission amplitude predicted by the mass density law (b) Transmission
amplitude of the sample obtained by numerical simulation (solid red curve) and phase (dotted green
curve) c) The normal velocity field distribution predicted by the numerical simulation at the vicinity
to the membrane corresponding dip frequency of 272 Hz [33].

Baz [55] has presented one-dimensional active acoustic metamaterials (AAMM’s) with programmable

effective densities using an array of fluid cavities separated by piezoelectric diaphragms. Bongard

et al. [56] has implemented the composite right/left-handed transmission line (CRLH TL) metamate-

rial combining circular membranes clamped to an acoustic wave guide and radial open channels. This

structure exhibits negative refractive index properties which are independent of resonance phenom-

ena. Naify et al. [57] has demonstrated membrane-type metamaterials with multi-celled arrays that

provide TL at low frequencies (50–1000 Hz) using different membrane materials such as polyether-

imide (PEI) and silicone rubber with thickness of 0.076 mm and 0.176 mm respectively. Ma et al. [58]

has presented a purely flexible lightweight membrane-type acoustic metamaterial for low-frequency

vibration reduction and sound insulation. An acoustic metamaterial with elastic membrane-coated

perforated plates is demonstrated in Fan et al. [59] which produces a sound reduction of 30–70 dB

below 500 Hz with membrane thickness as thin as 20 µm. Wang et al. [60] has presented a con-

strained membrane-type acoustic metamaterial (CMAM) that successfully obtained desirable operat-

ing frequencies with STL peaks at 100 Hz and 200 Hz altering the constraint area with a membrane

thickness of 0.05 mm. Ang et al. [61] has proposed a large-scale membrane-type acoustic metama-
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terial (800× 800 mm2) for low-frequency noise control with sandwich-type designs. Aurégan [62]

has demonstrated an ultra-thin low-frequency perfect sound absorber combining three elements: a

mass supported by a slightly tensioned latex membrane with a thickness of 20 µm, a cavity, and a

resistive layer. Mei et al. [5] has presented a thin-film acoustic metamaterial, that consists of an elas-

tic membrane decorated with asymmetric rigid platelets (consists of a rectangular elastic membrane

that is 31 mm by 15 mm and 0.2 mm thick) which is particularly effective for sub-wavelength low-

frequency acoustic absorption. Zhang et al. [63] has proposed membrane-type smart metamaterials

based on a multi-modal resonance effect which can be used for sound insulation by simply tuning

the external circuits rather than optimizing the structure itself. The proposed smart metamaterial

with a rectangular membrane thickness of 0.17 mm, exhibits average STL of 22 dB in the frequency

ranges 160-200 Hz and 26 dB in the frequency ranges 1300-1500 Hz. Liu et al. [64] has presented

membrane-type metamaterials membrane with a width of 21 mm, a length of 36 mm, and a thickness

of 0.2 mm for low-frequency (in the range of 400–650 Hz) broadband absorption using the acoustical

siphon effect. McKay et al. [13] has proposed a super absorber termed a Segmented Membrane Sound

Absorber (SeMSA) combining MPP and DMR made from a sheet of latex rubber with a thickness of

0.18 mm which works in either the frequency ranges of 20–1000 Hz or 20–1200 Hz for depths of up

to 120 mm. Also, Davis et al. [14] used graph theory based on a Two-point Impedance Method to op-

timise multi-chamber microperforated panel absorbers for the same research. Sampaio et al. [65] has

demonstrated a smart rectangular membrane-type metamaterial with a membrane thickness of 0.043

mm that consists of an arrangement of shunted piezoelectric elements which is capable of providing a

broadband STL performance. Li et al. [66] has demonstrated membrane-type acoustic metamaterials

loaded with arbitrarily shaped mass blocks of variable surface density using a semi-analytical model

and finite element simulation results. The membrane is made of polyether amide ( 20 mm 20mm)

with a thickness of 25 µm. An attenuation bandgap of 175.5 Hz width was created when shunting,

demonstrating peak performance using multiple cells.

2.2.3 Beam-type AMM

Beam type AMM has been designed as the locally resonant engineering structures predominantly

for the vibration control suppressing the elastic wave propagation [67][68][69]. Pai et al. [70] have

introduced an acoustic metamaterial based on a beam with a length of 100 cm, width of 5 mm, and

thickness of 3 mm, incorporating a uniform isotropic beam along with smaller two-mass spring-mass-

damper subsystems. This design aims to achieve broadband, multi-frequency vibration absorption.

Mi and Yu [71] has demonstrated an acoustic beam metamaterial attaching periodic inertial ampli-
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fication (IA) mechanisms to a host beam. The finite length of the designed beam consists of 10

unit-cells with thickness of 0.005 m which has a total length of 1 m. The development of beam-type

structures for sound absorption and transmission is a comparatively new idea for controlling acoustic

wave propagation. In general, very little research work has been reported in this particular research

area. Using the classical theory of structural dynamics the natural frequencies of a cantilevered beam

can be written as

f1···3 =
λ 2

1···3
2π

√
EbJb

ρbAb

fe =
λ 2

e

2π

√
EbJb

ρbAb
(2.10)

where, Eb is Young’s modulus and ρb is the density of beam material, Jb is the moment of area, lb

is the length of the beam, Ab is the area of the beam and λ is the frequency parameter or eigenvalue

term and given as λ1,2,3lb=1.875, 4.694, 7.855 and λelb = [(e−0.5)π]2 where e = 4...n. It can be seen

from the Eq. (2.10), the natural frequencies of the cantilevered beam can be modified by changing the

material properties (e.g. Eb, ρb) or design parameters (e.g. lb, Ab) and can be used to obtain particular

resonance frequency.

Chen et al. [72] has presented a beam-type metamaterial consisting of sandwich beams (consists

of face sheets and foam core of thickness of 7.62 × 10−4 m and 3.02× 10−2 m respectively with

beam length of 0.019 m) containing interior dissipative multi-resonators which provide a broadband

wave transmission dip from approximately 40–350 Hz. A compact liner based on a cantilever beam

with the thickness of 0.1 mm for a single beam and 0.1 mm and 0.15 mm for a double beam in a duct

for low-frequency application has been demonstrated by Farooqui and Aurégan [17] with the finite

difference-based multi-modal method and numerical simulation. The main objective of this research

was to make use of a cantilevered beam with a micro-slit that produces a leakage from the cavity.

As a result compressibility effect can be reduced in a small-sized cavity. This technology offers

better attenuation in the frequency range of 500–600 Hz with a thickness of around 1/6 th of acoustic

wavelength. Aurégan and Farooqui [19] has presented a thin flexible beam of 30 mm thickness and

surface area of 20 × 20 mm2, made of titanium with a micro-slit as a beam in-parallel absorber

which works in the mid-frequency range. Absorption peaks due to the resonance of the beam can be

seen in the presented results. Both symmetric and torsional modes of the micro-slit resonator have

been obtained using numerical simulation. But only symmetric modes (modes 1, 3, 7, ...) seem to

influence the performance of the micro-slit resonator. So, it can be concluded that torsional modes do

not affect the acoustic behavior of the resonator. Similar to the work in Farooqui and Aurégan [17],
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an acoustic absorber based on a cantilevered beam with micro-slits to tackle low-frequency noise has

been presented by Delia et al. [18]. However, experimental validation of the theoretical model is

not presented by Farooqui and Aurégan [17]. So, Delia et al. [18] included theoretical models with

experimental measurements of both acoustic and laser vibrometers using a 0.5 mm thick composite

beam made with a carbon fibre/epoxy material (M21E/IMA). Interestingly, in this research, the sole

purpose was to make use of beam resonances that appear at the low frequency, and the beam in the

inertial regime was not considered in the model. Two beam resonance modes are included in the

model. When only the first resonance mode is present the beam is termed as a mono-articulated beam

and while the first two modes are present the beam is termed as a bi-articulated beam. The influence

of several modes of j-th order can be written in terms of the impedance as

Zb j = jkb jtb j,eq
ω

ωb

(
1−

ω2
b j

ω2

)
+δ j (2.11)

where, kb = ωb/c0, ωb is the resonance (angular) frequency of the beam, tb,eq is the equivalent thick-

ness of the beam, δ is the dimensionless structural damping factor. For this particular case, the first

resonance frequency of the beam[18] calculated as

ω
2
1 = 0.5

Eb

ρb
bbt2

b/(Bcabl3
b) (2.12)

where, tb is the thickness of the beam, bb is the width and ab is the length at the base and Bc is the

thickness of the cavity. This technology provides perfect absorption in 735 Hz (which corresponds to

the first beam resonance) with liner thickness around 1/16 th of acoustic wavelength.

2.2.4 Plate-type AMM

Although membrane-type metamaterials work well for low-frequency sound absorption, the preten-

sion of the membrane introduces considerable complexity in determining the vibroacoustic properties

of the metamaterial. Additionally, controlling the pretension can be challenging due to thermal vari-

ation and relaxation effects in the membrane material. To overcome these limitations, a plate-type

metamaterial with multiple sub-wavelength arrays of spring-mass resonators was introduced by Xiao

et al. [73] using plane wave expansion (PWE) formulations and an effective medium method.

Considering a thin plate (i.e., 0.004 m) with a single array of resonators, the resonance frequency

( fr) of the resonators has been tuned to both the mass-law region and the coincidence region. Numer-

ical demonstrations show that, with the same surface mass density, a metamaterial-based plate can

provide significantly higher Sound Transmission Loss (STL) than a bare plate within the frequency
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a) b)

Figure 2.4: A beam in-parallel acoustic metamaterial. a) Measured the absorption coefficient of the
resonator (magenta symbols). The blue and red lines are the absorption coefficients of the in-parallel
resonators (IPR) and in-series resonator (ISR) models respectively. The dotted cyan line represents
the absorption coefficient calculated by the lumped element model and the black circles correspond
to the absorption coefficient obtained from numerical simulation. b) Some of the fundamental mode
shapes of the thin titanium beam obtained from the numerical simulation[19].

range of the mass-law region and the coincidence region. The formation of a bandgap can be ob-

served in the metamaterial-based plate, where the lower edge frequency can be expressed as fL = fr

and the upper edge frequency is fU = fr
√

1+ γp for the corresponding band gap, with γp being the

non-dimensional mass (the ratio of the oscillator mass to the mass of the string). Furthermore, using

an extremely thin plate (i.e., 0.2 mm) has resulted in higher and broadband STL at the resonance

frequencies.

Badreddine Assouar et al. [74] experimentally demonstrated plate-type acoustic metamaterials

designed for low-frequency sound attenuation, showcasing selective resonance frequencies ranging

from 650 to 3500 Hz. They utilized composite stubs (tungsten/silicone rubber) deposited on a thin

aluminum plate with a thickness of 0.5 mm. In a different approach, Li et al. [75] proposed an acoustic

metamaterial device comprising a multilayered flexible thin plate made of epoxy material with a

thickness of 0.4 mm, designed specifically for underwater sonar detection. For a unique solution,

Wang et al. [76] introduced an acoustic metamaterial featuring a plate with a thickness of 0.005 m.

This metamaterial incorporates a lateral local resonance (LLR) substructure, consisting of a four-link

mechanism, two lateral resonators, and a vertical spring.
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a) b)

c)

f=709 Hz

f=4412 Hz

Figure 2.5: Beam type acoustic metamaterial. a) A mono-articulated beam with a micro-slit loaded by
a cavity b) First ( f =709 Hz) and second ( f =4412 Hz) structural resonance mode of the cantilevered
beam and c) Absorption coefficient of the bi-articulated plate: Experimental measurements (blue
curves) and analytical results (red curves) [18].

Shifting away from membrane-type metamaterials, Ang et al. [77] and Ang et al. [78] expanded

their work on plate-type acoustic metamaterials, introducing both designs without and with an internal

Tonraum resonator. These innovations provide customizable acoustical performance, demonstrating

scalability and modularity using Mylar films (127 µm thick). In a different approach to addressing

low-frequency noise, Delia et al. [18] presented an acoustic absorber based on articulated plates with

micro-slits. Despite these significant advances, reducing low-frequency noise with a thin structure

remains a formidable challenge.

2.2.5 Cavity Based AMM’s

The idea of Cavity-based AMM’s originated from the classical Helmholtz resonator. Coiled-up-space

structures, perforations over a honeycomb core, perforated and micro-perforated plates with cavities

behind them, etc. also can be represented by the Helmholtz resonator. Based on the principle of local

resonance of the Helmholtz resonator, there are several studies have been presented for the application

of sound absorption [79–82]. The Helmholtz resonator can simply be represented by the 1-D mass-

spring system. Using the equivalent spring-mass system, the applied force, Fh can be written as
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Figure 2.6: A schematic of the basic Helmholtz resonator and the spring-mass analogy of the
Helmholtz resonator (Reproduced from [83]).

Fh = phSh (2.13)

where ph is the amplitude of the sound pressure and Sh is the cross-sectional area of the neck of the

Helmholtz resonator cavity. The equivalent mass Mh is

Mh = ρ0(lh +∆lh)Sh (2.14)

And, the equivalent stiffness Kh is

Kh =
d p0Sh

−x
=−Sh

d p0
dVc
Sh

=−S2
h

d p0

dVc
(2.15)

where, ρ0 is the air density, lh is the neck length, ∆lh is the length correction term and Vc is the volume

of the Helmholtz cavity. For a more precise calculation of the Helmholtz resonance frequency, ac-

counting for an end correction becomes essential. The effective mass of air involved in the movement

within and around the neck is slightly greater than the neck’s geometric dimensions. This adjustment

accommodates the kinetic energy present in the airflow near the neck ends, commonly addressed by

adding a slight extra length (length correction term) to the actual measured length. As an adiabatic

process, change in pressure and volume involves a constant γ (= 1.4 for air) and the resulting equation

can be written as

p0 ·V γ
c = (p0 +d p0) · (Vc−dVc)

γ (2.16)
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where γ is the specific heat capacity ratio. Eq. (2.16) can be further simplified as

p0 +d p0

p0
=

(
Vc−dVc

Vc

)−γ

≈ 1− γ
dVc

Vc
(2.17)

After rearranging we get,
d p0

dVc
=−γ · p0

Vc
=−

ρ0c2
0

Vc
(2.18)

where, c0 is the speed of sound in air. As a final form, the equivalent stiffness is

Kh = S2
h

ρ0c2
0

Vc
(2.19)

The Helmholtz resonance frequency ( fHR) can be written as

fHR =
c0

2π

√
Sh

Vc(lh +∆lh)
(2.20)

From the mechanical analogy of the Helmholtz resonator, the impedance can be written as:

Zh = Ra + i
(

ωMa−
1

ωCa

)
(2.21)

where, Ma = Mh/S2
h, Ra = Rh/S2

h and Ca = S2
h/Kh are considered as the sound mass, sound resistance

and sound capacitance respectively.

2.2.6 Helmholtz Resonator With a Flexible Plate

In general, Helmholtz resonators are very effective in providing high absorption peaks at resonance

frequency with very narrow frequency bandwidth. Several techniques i.e. adding porous material[48]

[84], a parallel coupling of Helmholtz resonator [85], combining multiple resonant frequencies [86],

Helmholtz resonator loaded with a wire mesh [87], have been adapted to obtain the broad bandwidth

with Helmholtz resonator. Sanada and Tanaka [88] has proposed a sound absorber using two-degrees-

of-freedom Helmholtz-based resonators with a flexible panel of 2 mm thickness. Nudehi et al. [89]

and Kurdi et al. [90] have demonstrated a Helmholtz resonator with a flexible end plate (thickness

of 0.25 mm) employing a receptance coupling approach. A novel liner concept (FlexiS) has been

demonstrated by Knobloch et al. [91] with the combination of flexible walls and conventional liner

cavity structure. The materials considered in this research are Thermoplastic-polyurethan (TPU)

sheets of type 1195A in thicknesses 0.1 mm and 0.5 mm and type 1170A in thickness 0.3 mm. The

mathematical modeling of Helmholtz resonators coupled with a second cavity by flexible walls has

been presented by Kohlenberg et al. [92]. The flexible circular plate that has been used in this research

is usually clamped at the edge. The combined effect of Helmholtz resonance and plate resonance has
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been demonstrated. The velocity of the circular plate, v̂p(r) can be defined by the combination of an

infinite number of eigenmodes (ψmn) as

v̂p(r) =
∞

∑
n=0

v̂p,n(r)ψmn (2.22)

The eigenmodes of a circular plate with a clamped edge can be written as[92]

ψccp(r,θ ,m,n) =

[
Jm

(
λmn

a
r
)
− Jm(λmn)

Im(λmn)
Im

(
λmn

a
r
)]

cos(mθ) (2.23)

The λmn can be obtained using the transcendental equation[93]

Jm(λ )

Jm+1(λ )
+

Im(λ )

Im+1(λ )
= 0 (2.24)

Because the plates motion is dominated by the fundamental eigenmode, the first mode shape function

(m = 0,n = 0) can be expressed as

ψ00(r) = J0

(
λ00

a
r
)
− J0(λ00)

I0(λ00)
I0

(
λ00

a
r
)

(2.25)

where λ00 ≈ 3.196. Considering only the fundamental mode, the resonance frequency of the clamped

circular plate is expressed as

ω00,p =

√
K0

M0
=

(
λ00

a

)2√
Dp

ρptp
(2.26)

where, M0 is a modal mass and K0 is a modal stiffness of the flexible plate with respect to the fun-

damental mode. The resonance frequency of the clamped circular plate is 380 Hz which corresponds

to the first resonance peak in Fig. (2.7) providing additional attenuation due to plate resonance in

the form of material damping below the Helmholtz resonance. Langfeldt et al. [94] has presented an

acoustic metamaterial with flexible plate-integrated Helmholtz resonators with 0.55 mm thick poly-

carbonate (PC) plate as a new technique for increasing the bandwidth of AMM anti-resonances. It

has been demonstrated numerically that, if the Helmholtz resonance frequency and the anti-resonance

frequency of the AMM are placed reasonably far from each other, the separate STL peaks can be iden-

tified from the curves which can be useful for multi-tonal sound sources. But, if the Helmholtz res-

onance frequency and the anti-resonance frequency of the AMM are placed reasonably very close to

each other, the combined effect provides a single STL peak with wide bandwidth. Recently, Neubauer

et al. [95] Neubauer et al. [96] has presented novel acoustic liners with Helmholtz resonator with

flexible walls and the plate resonator (PR) concept and their optimized design for aero-engine ap-
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a) b)

Figure 2.7: a) Schematic of the circular Helmholtz resonator with a flexible plate inside a plate holder
and a second cavity b) The scattering coefficients of the Helmholtz resonator with a second cavity
and a flexible plate [92].

plications. The concept of PR utilizes a plate resonator silencer comprising an expansion chamber

entirely enveloped by a plate. Apart from effectively dampening low-frequency noise with shallow

cavities, plate silencers offer an advantage over porous absorbers or Helmholtz resonator structures

with perforated surfaces. This advantage lies in their ability to be exposed to contaminated air with-

out experiencing the issue of contaminants aggregating within the cavity. The proposed structure

includes a plate thickness of 0.3 mm and a cavity depth of 65 mm. These dimensions contribute to the

lower frequency peak, starting from around 550 Hz, attributed to the plate resonance. Additionally,

the second resonance frequency, beginning around 900 Hz, is due to the Helmholtz resonance. A

new approach of model-based material selection for the PR concept has been demonstrated using the

parametric analysis of Young’s modulus and loss factor of the plate material.

2.3 Miscellaneous Flexible Structures

Several other flexible structures with unusual shapes and designs as acoustic metamaterials have been

reported. Miller et al. [97] has presented a flexible acoustic metamaterial with metalorganic frame-

work materials for low-frequency (100–1250 Hz) sound attenuation and contrast agent applications.

Three variations of flexible MIL-53(Al) (Basolite A100) have been demonstrated. The original MIL-

53(Al) resonates within the 160-315 Hz range. Modifications were made by introducing glutaric acid

25



2.4 CONCLUSIONS

(MIL-53(Al)-GA) and adipic acid (MIL-53(Al)-AA) to enhance the framework’s flexibility. Greater

and tunable transmission loss for both MIL-53(Al)-GA and MIL-53(Al)-AA has been obtained due to

the inclusion of enhanced flexibility in the frameworks. Zhang and Cheng [98] has proposed a novel

meta-absorber for broadband low-frequency underwater sound absorption below 2 kHz. The unit cell

of this structure consists of multiple thickness-graded circular-elastic-plate scatterers (CPS’s) placed

in a manner to form an elastomer matrix which is backed by a metallic backing plate. The proposed

design demonstrates the formation of coupled resonance modes inside the complete structure The

experimental results demonstrate high broadband absorption (greater than 0.82 on average) from 800

Hz to 6000 Hz. This was achieved using a backing plate with a thickness of 9.1 mm. A flexible meta-

curtain has been proposed by Cui et al. [99] that provides simultaneous soundproofing and ventilation

using two parallel thin and soft perforated polyvinyl chloride (PVC) films. The designed meta-curtain

has a total thickness of 1.16 cm and weighs 0.72 kg. The flat meta-curtain typically exhibits greater

STL values compared to the contrast sample (meta-unit without acoustic cavity inside) between 1300

Hz and 1700 Hz, reaching a prominent 45 dB peak specifically at 1520 Hz. Tsuruta et al. [100]

has presented two reconfigurable metamaterial absorbers consisting of flexible tube resonators. The

presence of hybrid resonances by the interaction between acoustic and structural modes has been

demonstrated using the Rabi splitting and Fano resonance.

2.4 Conclusions

Several flexible acoustic metamaterials have been reviewed in the previous section. The potential

use of circular plates integrating with Helmholtz resonators to obtain hybrid resonances has been

demonstrated in recent times. However, most of the prior related research works are based on tailoring

the fundamental structural resonance mode (only one radial mode) to obtain mid to low-frequency

sound absorption. The effects of higher-order structural resonance modes (both radial and azimuthal

modes) on acoustic absorption remain substantially underinvestigated. Although acoustic absorber

with flexible structures for tonal noise reduction has been proposed, low-frequency noise reduction

with thin structures remains a challenging task.

2.5 Contribution of the Thesis

The current research is aimed at designing a novel acoustic metamaterial based on a one-way acoustic

valve termed a “plate-type acoustic valve” for sound absorption in the low-frequency range (< 1500
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Hz) with a very thin structure. The primary aim of this research endeavor has been fulfilled through

the subsequent contributions:

• Introduction of a centrally fixed free edge thin circular plate as a unique design for low-

frequency sound absorber.

• Design of a novel acoustic one-way valve as a unique acoustic metamaterial for low-frequency

sound absorption. Near perfect absorption was achieved experimentally, e.g. up to α = 0.995

below 1 kHz, and given that the thickness of the technology can be a very small percentage

of the acoustic wavelength that it is absorbing deep sub-wavelength ratio absorbers can be

designed, e.g. a ratio of up to 58 was achieved in this study with a 5 mm deep technology at

1.18 kHz.

• Proposal of efficient 2D FEM numerical model for plate-type acoustic valve resonator including

the structural resonance (radial vibrational modes) and the Helmholtz resonance. A 3D FEM

numerical model replicating a complete plate-type acoustic valve resonator system including

the radial and azimuthal modes of vibrations.

• Experimental validation of the analytical and FEM numerical model using acoustic measure-

ments in a normal incidence impedance tube and vibrational modal analysis using single point

laser Doppler vibrometer.

• Successful identification of structural resonance modes from the laser Doppler vibrometry

(LDV) measurements.
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Mathematical Modelling of Acoustics
and Structural Vibrations
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3.1 NUMERICAL MODELLING OF ACOUSTICS

3.1 Numerical Modelling of Acoustics

3.1.1 Acoustic Wave Equation

In general, the constitutive equation for sound wave propagation through an elastic medium can be

derived from the elementary equations of fluid dynamics (i.e., the conservation of mass, conservation

of momentum, polytropic process). The so-called acoustic wave equation is the governing equa-

tion of acoustics, representing the motion of a fluid, including non-linearities, viscosity, and thermal

conduction. The derivation of the acoustic wave equation in a direct way from the elementary equa-

tions is not viable due to the complex nature of those equations. Using relevant assumptions close to

real-world conditions, the acoustic wave equation can be deduced to create a simplified mathematical

model that reasonably accurately replicates reality [101].

In the study of the propagation of sound, if the fluid acts as an ideal gas and the acoustic field is

assumed to be a continuum, the perturbation process around the equilibrium should be relatively small

and can be considered linear. Apart from the linearity, changes in pressure are considered adiabatic.

This implies that there are no heat transfer or thermal effects present in the system; it represents

an isentropic process with no loss or gain of acoustic energy. The geometry of the space through

which sound propagates can affect wave behaviour. In certain cases, like open spaces or uniform

mediums, sound may exhibit behaviour more closely resembling an idealized isentropic process with

minimal losses. However, in more complex geometries, reflections, diffraction, and interactions with

boundaries or obstacles can cause changes in sound energy, leading to losses or gains. The constitutive

equation of the acoustic wave equation can be written under all these assumptions, as shown by

Kinsler et al.[102]:

∇
2 p(x, t)− 1

c2
∂ p(x, t)

∂ t
= 0 (3.1)

where p(x, t) is a pressure fluctuation of the static pressure at the location x at time t and c is the speed

of sound, which can be defined as:

c =
√

γ p0

ρ0
(3.2)

where, p0 is the absolute pressure of the gas, and ρ0 is the density of the gas and γ is defined as:

γ =
Cp

Cv
(3.3)

where, Cp the specific heat capacity for constant pressure and Cv the specific heat capacity for constant

volume and for air γ calculated as 1.4.
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3.1 NUMERICAL MODELLING OF ACOUSTICS

The acoustic wave equation can be solved conveniently using the frequency domain representation

of the Eq. (3.1) considering a time-harmonic formulation (or using the Fourier transformation):

p(x, t) =R{p(x)eiωt} (3.4)

where p(x) is the complex pressure amplitude, i is the imaginary unit, and ω is the angular velocity.

Eliminating the time-dependency of the Eq. (3.1) we get

∇
2 p(x)+ k2 p(x) = 0 (3.5)

which is popularly known as the Helmholtz equation where k = ω/c = 2π/λ is the wavenumber.

The acoustic wavelength (λ = c/ f ) is a crucial quantity defined by the ratio of the speed of sound to

the frequency ( f ). In order to build a mathematical model for a particular system, one must also in-

clude the boundary conditions (BC) (i.e., Dirichlet BC, Neumann BC) or impedance in the Helmholtz

equation. Theoretical investigations of wave propagation often encounter various computational prob-

lems, including complex geometry, band structures, leaky cavities, and waveguides [103], as well as

multi-physics coupling.

Several analytical and numerical techniques, namely Plane Wave Expansion (PWE), Boundary

Element Method (BEM), Computational Fluid Dynamics (CFD), Finite Difference Time Domain

(FDTD), Finite Element Method (FEM), and Layer Multiple Scattering Theory (LMST), have been

adopted to solve computational problems of acoustic wave propagation, especially in acoustic meta-

materials [103].

Combining all the mentioned steps, the mathematical modelling of acoustic wave propagation can

be achieved not only through analytical calculations but also using numerical methods. This thesis

presents both analytical and numerical methods, specifically focusing on the Finite Element Method

(FEM), for the mathematical modeling of acoustic wave propagation.

3.1.2 Finite Element Method

Originally developed for structural stiffness and deflection analysis, the finite element method (FEM)

can also be applied to represent various physical phenomena. Currently, FEM is the most widely used

numerical technique to accurately model a wide range of physical phenomena and efficiently solve

partial differential equations (PDEs). It considers various boundary conditions and multiple physics

interactions, working efficiently in both the time and frequency domains. Complex geometries with
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3.1 NUMERICAL MODELLING OF ACOUSTICS

unstructured mesh can be discretized by the finite element method, making it a versatile tool for a

wide range of applications.

FEM can be applied to the Helmholtz equation in two steps, which is essentially the process of

obtaining a weak form from the PDE. First, the Helmholtz equation is multiplied by a test (weighing)

function (φ f ) and integrated over the domain (Ω) [104]:∫
Ω

φ f [∆p+ k2 p]dΩ = 0 (3.6)

The next step is to apply Greens theorem (also called Greens first identity), to reduce the highest order

of the derivatives. The Laplace operator in the Greens theorem can be transformed into a domain (Ω)

and a boundary domain (Γ) integral and the weak form reads:

−
∫

Ω

∇φ f ·∇pdΩ+
∫

Γ

φ f (∇p ·n)dΓ+
∫

Ω

k2
φ f pdΩ = 0 (3.7)

To get the matrix equation from the discrete weak form we need to consider a shape function (Ns) and

following to the Galerkin approach, the test function is assumed to be the same as the shape functions.

The pressure can be approximated as:

p≈ Nsp (3.8)

The FEM representation of the isentropic acoustic wave propagation can be written as the following

expression:

−
∫

Ω

∇NT
s ·∇NsdΩp+

∫
Γ

NT
s (∇Ns ·n)dΓ+

∫
Ω

k2NT
s NsdΩp = 0 (3.9)

which can be represented as real, sparse and symmetric matrices form not considering the damping

where the first term from left to right is known as stiffness matrix, the second term is natural boundary

condition matrix and the third term is a mass matrix. This can be written in the form of the global

system matrices with an additional damping term and the global system of equations become:

(K+ iωD−ω
2M)p = 0 (3.10)

where K , M and D are the element stiffness, mass and damping (i.e. Rayleigh damping, viscous

damping) matrices respectively. The modelling techniques of different damping using FEM can be

found in the Appendix A.2.2.5. This system consists of n number of unknowns and n is the total

number of degrees of freedom (DOFs). For acoustics applications, there is one DOF per node which

is essentially the number of nodes for the system.
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3.2 Numerical Modelling of Structural Mechanics

In order to investigate the solid structure in the plate-type acoustic valve resonator through numerical

simulation, the structural mechanics need to be studied using the main constitutive equations. The

governing equation, which is essentially the basis for the derivation of these constitutive equations,

is Hooke’s law of elasticity and provides the linear relationship between stress and strain of isotropic

elastic materials. Applying this law to an infinitesimal solid control volume, the elastic wave equation

can be written as, under the assumption of infinitesimal strain and a homogeneous, isotropic medium:

ρ
∂ 2u
∂ t2 = (λL +2µL)∇(∇ ·u)−µL∇×∇×u+FS (3.11)

where, u represents the solid displacement in the three spatial dimensions (x,y,z), FS is the body force

per unit volume applied to the solid, and λL and µL are the Lamé coefficients of the solid material.

For engineering applications, the elastic wave equation can be simplified using specific assumptions,

such as those applied to the Euler-Bernoulli beam, and particular boundary conditions. For example,

in the case of the Euler-Bernoulli beam, the basic assumption is straight cross-sections of the beam

stay straight even under deformation, and transverse loads cause the bending for the beams and very

small deformations [105]. The transverse displacement in these beams can be expressed using the

simplified elastic wave equation:

EmJb
∂ 4u
∂x4 =−ρ

∂ 2u
∂ t2 +Ft (3.12)

where, u is the transverse displacement of the beam, x is the location along the length of the beam,

Em is the Youngs modulus of the material, Jb is the cross-sectional moment of inertia of the beam, ρm

is the density of the material and Ft is the acting transverse load. For two-dimensional structures (i.e.

thin plates), this general formulation can be modified to analyze the vibration of the plates including

the bending effect. The modified elastic wave equation defined by the Kirchhoff-Love plate theory

as:

Dp

(
∂ 4u
∂x4 +2

∂ 4u
∂x2∂y2 +

∂ 4u
∂y4

)
=−ρ

∂ 2u
∂ t2 +Ft (3.13)

where, x and y represents the in-plane location and Dp is the plate bending stiffness or flexural rigidity,

which is defined as:

Dp =
Emt3

p

12(1−ν2
m)

(3.14)

where, tp is the plate thickness, Em is the Young modulus and νm is the Poisson’s ratio of the plate

material. To apply FEM in structural mechanics, a similar approach can apply as in Section (3.1.1).

The wave equation should be modified with displacement fields which are the main field variables
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for structural mechanics replacing sound pressure. The dynamic equation with 3-DOF per geometric

node becomes:

(K+ iωD−ω
2M)u = Fs (3.15)

where, u is the nodal displacements and Fs is the excitation or forcing vector. For a 1-DOF

mass-spring-damper system, the equation of motion can be expressed as:

(k+ iωc−ω
2m)u = Fs (3.16)

where u is the displacement of the mass, Fs is the applied load, k is the stiffness of the spring, c

the damping factor and m is the mass. Mechanical damping encompasses a variety of mechanisms,

among them being viscous damping, frictional damping, and structural damping etc.

3.3 Analytical Modelling of the Vibration of a Circular Plate

The vibration of a free-edge circular plate was first systematically studied by Ernst Florens Friedrich

Chladni in Entdeckungen über die Theorie des Klanges, published in 1787. In this book, he included

seventy-five drawings of modal shapes of a circular copper plate, popularly known as ’Chladni fig-

ures’ or ’Chladni patterns.’ The experimental method is based on sand sprinkled on a plate, and the

plate is excited by a violin bow to show the nodal lines. He expanded on this work in his publica-

tion Die Akustik (1802, second edition 1830), establishing a relationship between frequency ( f ), the

number of nodal diameters (m), and the number of nodal circles (n). Lord Rayleigh [106] termed that

relationship as the ’Chladni law.’ According to Chladni’s equation

f =C(m+bn)p (3.17)

where, C, b, and p are coefficients that can be obtained from the properties of the plate. For a flat

circular plate (b = 2, p = 2), Chladni’s law states that f is proportional to (m+ 2n)2 in the case of

large f . Later, in 1850 G. R. Kirchhoff published two papers on the vibration of plates considering the

boundary conditions more accurately. After that, several scientists such as Savart, Strelke, Faraday,

Koenig, Debye, Young, Wood, Mary D. Waller, etc. [107] have employed Chladni’s patterns for

studying plate vibrations. The solution for the vibration of the circular plate obtained by Kirchhoff is

presented as follows. The differential equation for the vibration of a circular plate is

∇
4w = k4w (3.18)
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Figure 3.1: Centrally fixed free edge thin circular plate of outer radius a, inner radius b and thickness
tAD.

Parameter Value Unit
tAD 0.52 [mm]
b 5 [mm]
a 62 [mm]

ρm 1240 [kg ·m−3]
Em 3.8 [GPa]
νm 0.33 [–]
ηm 0.03 [–]

Table 3.1: Modelling parameter for plate-type acoustic valve

where, k =
√

ω/c and c4 = Et2/12ρ(1− ν2) and w is the displacement from the normal position

of the plate, ω is the angular frequency, E is the Young’s modulus, t the thickness of the plate, ρ

the density, and ν Poisson’s ratio. Each normal modes with nodal diameters can be obtained by

cos(mθ −α) = 0 and for n concentric circle the solution for the Eq.(3.18) can be written as

Jm(kr)+λJm(ikr) = 0 (3.19)

where, Jm(kr) and Jm(ikr) are Bessel functions, and α and λ are arbitrary constants that can be cal-

culated using boundary conditions. Kirchhoff’s method was only able to compute the simplest modes

of vibrations. To compute all modes of vibrations it is required to solve the Bessel functions which

are complicated. Lord Rayleigh and Ritz also proposed different methods to avoid the calculation of

Bessel functions. Further analysis of plate vibrations using the Bessel functions for different bound-

ary conditions are provided by Timoshenko et al. [108], Southwell [109] Colwell and Hardy [110]

and well documented by Leissa [93].

3.3.1 Vibration of Plate-type Acoustic Valve

For analytical modelling of the plate-type acoustic valve, the valve has been considered as a centrally

fixed thin circular plate (i.e. tAPV << a) as shown in Fig. (3.1). The modelling parameters are

presented in Table 3.1.
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For free vibration, the wave equation for a thin circular plate with uniform thickness can be

depicted using classical thin plate theory

D∇
4w+ρmtAD

∂ 2w
dt2 = 0 (3.20)

where, ∇4w = ∇2(∇2w) and

∇
2 = ∇ ·∇ =

∂ 2

∂ r2 +
1
r

∂

∂ r
+

1
r2

∂ 2

∂θ 2

using Laplaces equation in cylindrical coordinates. Considering the displacement amplitude (w) with

a separable solution

w(r,θ , t) = We jωt (3.21)

where, W = Wr(r)Wθ (θ) is the function of the position. Substituting this into Eq. (3.20) we get

∇
4W− k4

pW = 0 (3.22)

where, k4
p=ω2ρmtAPV/D and D is the flexural rigidity and defined as

D =
Emt3

APV
12(1−ν2

m)

The solution of the Eq. (3.22) can be written as Leissa [93]

Wm(r,θ) =
[

BmJm(kpr)+CmIm(kpr)
]

cos(mθ) (3.23)

where, Jm is the Bessel’s function of first kind of the m-th order, Im is the modified Bessel’s function

of the first kind of the m-th order, and Bm, Cm are the constants which can be obtained using the

relevant boundary conditions.

At the fixed center r = b we have the boundary conditions

Wm(r,θ)
∣∣∣
r=b

= 0,
dWm(r,θ)

dr

∣∣∣
r=b

= 0 (3.24)

and at the free edge r = a the bending moment, Mr(r,θ) as well as the effective transverse shear force,

Vr(r,θ) both are zero

Mr(r,θ)
∣∣∣
r=a

=−D
[

∂ 2w
∂ r2 +νm

(
1
r

∂w
∂ r

+
1
r2

∂ 2w
∂θ 2

)]∣∣∣
r=a

= 0, (3.25)

and

Vr(r,θ)
∣∣∣
r=a

=−D
[

∂

∂ r
(∇2w)
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+
1−νm

r
∂

∂θ

(
1
r

∂ 2w
∂ r∂θ

− 1
r2

∂w
∂θ

)]∣∣∣
r=a

= 0 (3.26)

Substituting Eq. (3.23) in the first part of the Eq. (3.24) we can write

BmJm(kpb)+CmIm(kpb) = 0

Cm

Bm
=−

Jm(kpb)
Im(kpb)

(3.27)

And substituting Eq. (3.23) into eq. (3.25) yields (since D 6= 0)

Bm

[
J′′m(λ )+

νm

λ
J′m(λ )

]
+Cm

[
I′′m(λ )+

νm

λ
I′m(λ )

]
= 0

Cm

Bm
=−

J′′m(λ )+
νm
λ

J′m(λ )
I′′m(λ )+

νm
λ

I′m(λ )
(3.28)

where, J′m(λ ) = dJm(λ )/dλ . Substituting λ = kpa in the Eq. (3.28), we introduce the eigenvalue

parameter λ . Combining the Eq. (3.27) and Eq. (3.28) the final form can be written as

Cm

Bm
=−

J′′m(λ )+
νm
λ

J′m(λ )
I′′m(λ )+

νm
λ

I′m(λ )
=−Jm(λb/a)

Im(λb/a)
(3.29)

where,

J′m(λ ) =
m
λ

Jm(λ )− Jm+1(λ )

I′m(λ ) =
m
λ

Im(λ )+ Im+1(λ )

J′′m(λ ) = (
m2

λ 2 −1)Jm(λ )−
1
λ

J′m(λ )

I′′m(λ ) = (
m2

λ 2 +1)Im(λ )−
1
λ

I′m(λ )

As a deformable system, a plate-type acoustic valve provides several vibrational modes. For several

eigenfrequencies and modes, the λ can be written as λmn and can be calculated using Eq. (3.29) where

m represents the number of nodal diameters and n stands for the number of nodal circles. Figure (3.2)

plots the calculated mode shapes for a centrally fixed circular plate with a free edge.

The natural frequencies ( fmn) of the plate-type acoustic valve can be represented as Chiang and

Huang [111]

fmn =
λ 2

mn

2πa2

√
D

ρmtAPV
(3.30)
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Figure 3.2: Displacement w of the circular plate as a function of r. The first five symmetric mode
shapes for the centrally fixed circular plate with a free edge.

where, for symmetric (or radial) modes m = 0, n = 0,1,2,3... and for azimuthal modes m > 0, n =

0,1,2,3... When νm = 0.3, for completely free plate λ00 is the rigid mode so, n = 1,2,3,4,... and λ0n =

300052, 620025 , 936751, 1252271...Amabili et al. [112]

According to Southwell [109], Timoshenko [113] and Leissa [93], when m > 0 the eigenvalues

of the centrally fixed free edge thin circular plate are the same as for a completely free thin circular

plate. Only for the symmetric mode (m = 0) the eigenvalues of the centrally fixed free edge plate are

different from those of the completely free plate.

The effect of the clamped portion in the analytical model is considered as negligible using the

b/a ratio approximation by Southwell [109]. Vogel and Skinner [114] later theoretically and exper-

imentally demonstrated that, when b/a ≤ 0.2 (for the current case it’s 0.08), the change in natural

frequencies is relatively small. The squared eigenvalues of the plate-type acoustic valve are tabulated

in Table 3.2 for νm = 0.33. Substituting D into the Eq. (3.30), it can be seen that the relation-

ship between the νm and λmn is inversely proportional. The calculated eigenvalues are tabulated for

νm = 0.33. It should be noted that the correct value of the eigenvalues depends on the actual value

of the Poisson’s ratio of the 3D printed material. Table 3.2 and 3.3 shows the eigenvalues[93] and

eigenfrequencies for the analytical model of the plate-type acoustic valve (modelled as a centrally

fixed free edge thin plate), respectively.
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λ 2
mn for νm = 0.33

m
n

0 1 2 3 4

0 3.752 20.91 61.2 120.6 199.9
1 – 20.52 59.86 119.0 198.2
2 5.253 35.25 83.9 154.0 242.7
3 12.23 52.91 111.3 192.1 290.7
4 21.6 73.1 142.8 232.3 340.4
5 33.1 95.8 175.0 274.6 392.4

Table 3.2: Modal parameters for uniform thickness centrally fixed free edge thin circular plate Leissa
[93].

Natural Frequencies of plate-type acoustic valve ( fmn)

m
n

0 1 2 3 4

0 43.0711 240.036 702.5455 1384.4 2294.8
1 – 235.559 687.1630 1366.1 2275.2
2 60.3018 404.652 963.1302 1767.8 2786.1
3 140.3943 607.38 1277.7 2205.2 3353.2
4 247.9572 839.152 1639.3 2666.7 3907.6
5 379.9715 1099.7 2008.9 3152.3 4504.6

Table 3.3: Analytical eigenvalues[93] and eigenfrequencies of the centrally fixed free edge circular
plate.

3.3.2 Calculation of λ10 and f10

In this particular case of the eigenmode with one nodal diameter (m=1) and without having any nodal

circles (n=0), which attributes the smooth transition from the rigid body to rocking about the diameter

[115]. When νm=0.33, λ10 can be calculated according to Aireys solution [116],

λmn = β − 3mλ +13
3(8β )

+
40(3mλ +5)

9(8β )2 · ·· (3.31)

where, β = π

2 (m+ 2n) and mλ =4m2. So, λ10 ≈1.386 and f10 ≈22.144 Hz . The “trial and error”

method or interpolation from the tables of Bessel functions has been used to find the approximate

solutions. Colwell and Hardy [110] has demonstrated a series that converges rapidly and provides

more accurate approximations.

λmn = β − mλ +1
8β

−
4[7m2

λ
+22mλ +11]
3[8β ]3

(3.32)

So, λ10 ≈1.0311366 and f10 ≈12.25 Hz.
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3.3 ANALYTICAL MODELLING OF THE VIBRATION OF A CIRCULAR PLATE

3.3.3 Effect of Fluid-structure Interaction

McLachlan [117], Kwak and Kim [118], Amabili et al. [112] and Amabili et al. [119] have extensively

studied the effect of free vibration of the thin circular plate in contact with fluids (e.g. air, water) and

concluded that in contact with air, the difference in resonance frequency is almost negligible or in

some cases same as in vacuo. McLachlan [117] has demonstrated that for a free edge circular plate

with the stationary centre, in contact with air provides only 5.3 % reduction in frequency compared

to in vacuo case. The relationship between the resonance frequency in vacuo ( fv) and in contact with

the fluid ( f f ) can be expressed according to Amabili et al. [119]. Thus,

f f = fv

√
1

1+βmn
(3.33)

where, βmn = M f /Mp is the added virtual mass incremental (AVMI) factor, Mp is the equivalent mass

of the plate during vibration in vacuo and M f is the accession to inertia due to the fluid on both sides

of the plate. The βmn can be also represented in terms of the reference kinetic energy of the plate (T ∗p )

and the reference kinetic energy of the fluid due to the vibration of the plate (T ∗f ).

βmn =
T ∗f
T ∗p

=
1
π

k f

kp

ρ f

ρm

a
tAPV

(3.34)

where, k f is the accession coefficient and kp is the mass coefficient McLachlan [117]. presence of

air introduces added mass, added stiffness, and damping effects in the system. In a closed cavity, the

added mass is the inertial effect due to air pumping, resulting in a reduction of the eigenfrequencies

of the plate compared to a vacuum. As the air-gap height decreases, the pumping effect increases

significantly, leading to an increase in added mass and a consequent decrease in eigenfrequencies.

Conversely, the added stiffness effect can lead to an increase in frequency for some modes. In cer-

tain modes, plate vibration causes a significant change in cavity volume in a closed system, resulting

in a pressure disturbance. This pressure disturbance, acting in phase with the plate’s motion, induces

an added stiffness effect. In such cases, the frequency increases as the pressure disturbance intensifies

with decreasing air-gap height, affecting the mode shape of the plate [120] [121].

Energy dissipation mainly occurs in the air gap due to viscous and thermal effects. Damping

is explained by viscous shear and thermal conduction, processes that remove energy from the plate

during vibration. Air pumping is associated with viscous shear, while air compression represents the

thermal component of damping. According to Fox and Whitton [122], a high level of damping is

primarily introduced by the viscosity of the air.

40



3.4 NUMERICAL MODELLING OF THERMO-VISCOUS ACOUSTICS

3.4 Numerical Modelling of Thermo-viscous Acoustics

Thermo-viscous acoustics represents the sound wave propagation in small geometries and structures

consisting of small dimensions, which results in sound waves becoming attenuated due to the thermal

and viscous losses in the boundary layers near the walls of the system. The governing equation of

thermo-viscous acoustics is expressed by a set of linearized Navier-Stokes equations. The governing

equations for thermo-viscous acoustics in the frequency domain can be derived under the assumption

of small harmonic oscillations, and the dependent variables, such as pressure and velocity, can be

written in the form:

p = p0 + p′eiωt , v = v0 +v′eiωt , T = T0 +T ′eiωt (3.35)

where v, p, and T denote the velocity vector, pressure, and temperature respectively, and components

of the degrees of freedom (DOFs). v′, p′, and T ′ are the acoustic variables and v0, p0, and T0 are the

relevant background quantities. If the background fluid is quiescent so v0 = 0 and removing primes (′)

from all the acoustic variables, under the assumption of small perturbations, the governing equations

for the thermo-viscous acoustics, in the frequency domain can be expressed as [101]:

iωρ0v−∇ · τt +∇p = 0 (Momentum equation) (3.36a)

iωCpT − kT ∇T − iω p = 0 (Energy or enthalpy equation) (3.36b)

∇ ·v− iω
T
T0

+ iω
p
p0

= 0 (Continuity equation) (3.36c)

Viscous and thermal losses are included with the terms which represent the viscous stress tensor (τt)

and the heat conduction coefficient (kT ) and without them, the governing equations can be written

as Helmholtz equation. The viscous tensor can be expressed with dynamic viscosity µ and a second

viscosity term (λt):

τt = λt(∇ ·v)I+µ

(
∇v+(∇v)T

)
(3.37)

The weak formulation has been created using a similar procedure in Section (3.1.2) from the set of

Navier Stokes equations with test functions of v f , Tf and p f respectively. The weak forms can be
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3.4 NUMERICAL MODELLING OF THERMO-VISCOUS ACOUSTICS

written as: ∫
Ω

(
τt : (∇v f )+ iωρ0v ·v f + p(∇ ·v f )

)
dΩ−

∫
Γ

(p+ τt ·n) ·v f dΓ = 0 (3.38a)∫
Ω

(
(kT ∇T ) · (∇Tf )+ iωρ0CpT Tf − iω pTf

)
dΩ−

∫
Γ

(kT ∇T ) ·nTf dΓ = 0 (3.38b)∫
Ω

(
∇ ·v− iω

T
T0

+ iω
p
p0

p f

)
dΩ = 0 (3.38c)

The thermo-viscous finite element model is obtained by discretizing this set of weak equations using

standard FEM shape functions. It is advisable to use a lower order shape function for the pressure-

dependent variable [101]. Applying the natural boundary conditions, the complete system matrix can

be identified as symmetric or asymmetric, with important implications for the computational solution.

3.4.1 Boundary Layers

When acoustic waves propagate in a fluid bounded by solid walls, such as narrow slits, tubes, or

holes, the no-slip boundary condition applies. This condition dictates that the fluid velocity at the

solid boundary is zero (v = 0), significantly influencing fluid flow behaviour near these boundaries.

Temperature boundary conditions may vary based on the situation, assuming either an isothermal con-

dition where the temperature at the wall remains constant or an adiabatic condition where there is no

heat transfer between the fluid and the solid wall. Viscous boundary layers arise due to shear stresses

between the fluid and the solid boundary, while thermal boundary layers emerge due to temperature

gradients near the wall. The main factors contributing to sound energy dissipation are viscous forces

and thermal conduction, primarily occurring in the viscous and thermal boundary layers.

It is crucial to include boundary layer effects in thermo-viscous acoustics. Figure (3.3) displays

the thicknesses of viscous and thermal boundary layers in the air within the audible frequency range at

T = 20◦ C. For air, these boundary layer thicknesses are much smaller than the acoustic wavelength.

In air at normal conditions, the thickness of the boundary layer can range from micrometres (for low-

speed flows) to a few millimetres (for higher-speed flows). In comparison, the wavelengths of audible

acoustic waves in air range from centimetres to meters. In this frequency range, the boundary layer

thickness is several orders of magnitude smaller than the acoustic wavelengths, requiring a large

number of elements in the boundary layers. The viscous boundary layer (δv) is a function of fluid

viscosity (µ), and the thermal boundary layer is defined by the fluid thermal conductivity (kT ). The

thickness of the thermal boundary layer (δt) is defined as

δt =
√

kT/π f ρ0Cp (3.39)
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3.4 NUMERICAL MODELLING OF THERMO-VISCOUS ACOUSTICS

Figure 3.3: At standard conditions (1-atmosphere pressure and 20◦ C), the viscous and thermal bound-
ary layers in air demonstrate distinctive thicknesses.

where Cp is the fluid heat capacity at constant temperature and the thickness of the viscous boundary

layer is defined as

δv =
√

µ/π f ρ0 (3.40)

.

The thicknesses of the viscous and thermal boundary layers can be represented by the Prandtl

number which is the ratio of these lengths and represented as:

Pr =
(

δv

δk

)2

(3.41)

For air in the audible frequency range and at T = 20◦ C, the Pr≈0.7. The boundary layer thicknesses

are crucial for accurately modelling the total energy dissipation in the system. The meshed domain

can be created and controlled by parameters defining boundary layer thicknesses. Precise and careful

meshing is crucial when incorporating visco-thermal effects into the complete model.

In this thesis, visco-thermal effects are incorporated into the complete model by utilizing the

thermo-viscous acoustics interface available in the acoustics module of COMSOL. Several techniques

and alternative approaches can be employed to model acoustic phenomena near solid boundaries

without resorting to full thermo-viscous modelling with a fine boundary layer mesh in COMSOL.

These include narrow region acoustics, thermoviscous boundary layer impedance, etc. In COMSOL’s
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FEM implementation, boundary layers have been included in the meshing process by adjusting the

control parameters provided by COMSOL to achieve an accurate representation of the visco-thermal

effects.

3.5 Numerical Modelling of Fluid-Structure Interactions

The combined effect of structural mechanics and fluid dynamics is often represented using the cou-

pling mechanism of vibro-acoustics. Given the widespread use of the Finite Element Method (FEM)

for modelling both acoustics and structural dynamics, it is convenient for addressing this multi-

physics phenomenon. Considering structural dynamics, we can introduce a coupling matrix Kc, and

the complete equation describing coupled structural vibrations is as follows:

(Ks + iωDs−ω
2Ms)u+Kcp = Fs (3.42)

where the subscript s stands for the structural system matrices. Since the structural vibrations affect

the acoustic domain in a common region the complete equation describing the coupled acoustics can

be written as

(Ka + iωDa−ω
2Ma)p+ω

2
ρ0KT

c u = Fa (3.43)

where, the subscript a stands for the structural system matrices. After combining the Eq. (3.42) and

Eq. (3.43) we get the coupled equation of fluid-structure interaction in FEM as:(Ks Kc

0 Ka

+ iω

Cs 0

0 Ca

−ω
2

 Ms 0

−ρ0KT
c Ma

)u

p

=

Fs

Fa

 (3.44)

which can be written in a simplified form as:

(K f si + iωD f si−ω
2M f si)x = F f si (3.45)

This system equation has the same shape as in the FEM model of structural dynamics and the acous-

tics where K f si , M f si and D f si are the coupled element stiffness, mass and damping matrices respec-

tively which are no longer symmetric due to the presence of coupling matrix Kc. The Eq. (3.45)

considers vibro-acoustics effects as a strong coupling effect (e.g. structural interaction with heavy

fluids, using high sound pressure levels). In the case of weak coupling, the coupled acoustic struc-

tural interactions consider the term Kcp as negligible which is basically the system of the equation of

the structural vibrations.
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3.6 SUMMARY

Thermo-viscous acoustics can be coupled to the structure, using three velocity components (in

3-D) and the temperature. The structural vibration may be described with displacement u or velocity

u̇ degrees of freedom. The essential fluid boundary conditions at fluid-structure interface (dΓ f si) can

be expressed as:

v = iωu

v = u̇
(3.46)

The load of the fluid on the structure can be written as:

Fs =−σ ·n (3.47)

where, n is the unit vector normal to the boundary, σ the stress tensor phasor and Fs the load on the

structure at dΓ f si. Since air can barely heat the structure in most cases, a coupled formulation for heat

conduction in the structure is usually avoided. Instead, the isothermal boundary condition is widely

used in thermoviscous acoustics which is an accurate approximation as validated by Bruneau et al.

[123].

3.6 Summary

In this chapter, the physical theories of acoustics, thermo-viscous acoustics, and structural mechanics

(specifically, the vibration of plates) have been presented. The multi-physics coupling of relevant

interfaces has been described following the Finite Element Method (FEM) formulation, which is

essential for accurately replicating the system. Finally, the application of the FEM to different physics

interfaces has been discussed.
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Chapter 4

Development of Novel Plate-type
Acoustic Valve Resonator
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4.1 PLATE-TYPE ACOUSTIC VALVE RESONATOR

4.1 Plate-type Acoustic Valve Resonator

A range of off-the-shelf elastomeric valves were initially tested. These valves were sourced from the

company minivalve [124] and are typically used in fluidic control. Figure (4.1) shows the full range

of four elastomeric valves which were tested. Two umbrella valves of different diameters as well

as one duckbill valve and a cross-slit valve. Basically, these valves allow flow to pass in only one

direction. Figure (4.2) shows how the valve is fixed to a thin plate via a small mounting hole in the

centre, with six additional holes required in the plate to allow for fluid flow. Also, Fig. (4.2) shows

the plate with the 16 cross-slit valves installed for testing in the impedance tube. It can be seen how

the impedance tube is adapted to allow for circular samples. The test configuration is shown in Fig.

(4.2(b)) where a solid end cap is mounted creating a cavity behind the metasurface plate. Table 4.1

shows the properties of the valves, the number of valves used in each plate as well as the open area in

the plate through which flow may pass once the valve is open.

Figure 4.1: Elastomeric Valves tested. Umbrella Valves: UM 145, UM 180, CR 150, DU 120

(a) (b)

Figure 4.2: (a) Cross-slit valves installed in mounting plate. (b) Test configuration with solid backing
plate creating a cavity depth behind the sample [125].
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4.1 PLATE-TYPE ACOUSTIC VALVE RESONATOR

Table 4.1: Off-the-shelf elastomeric valves by Minivalve [124]

Valve Code Valve Type Diameter [mm] No. of valves used Open area [m2]

UM145 Umbrella valve 14.5 9 0.5X10−3

UM180 Umbrella valve 18 12 0.9X10−3

CR150 Cross-Slit Valve 15 16 2.8X10−3

DU120 Duck-Bill valve 12 16 1.8X10−3
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Figure 4.3: Experimental absorption coefficient measured for off-the-shelf elastomeric valves with
hardwall backing 43 mm from mounting plate [125].

Figure (4.3) shows the experimental results of the absorption coefficient for the elastomeric valves

tested for the situation where the meta-surface would be installed on the inside surface of a solid

wall such as within a cavity. The performance of the valves is extremely promising with absorption

coefficients of up to 0.7 at maximum and with some valves absorbing noise over a broad range of

frequencies. Valves perform well for frequencies below 1000 Hz which was the objective of the test.

It is difficult to compare one valve with another as the physics of their mechanisms are quite different,

and both the number of valves and open area in the plate change from one test to another. However,

it seems that the 18 mm diameter umbrella valve seems to perform best overall, with absorption

coefficients up to 0.5 maximum and over 0.3 over a broad range of frequencies.

4.1.1 Prototypes Design

As discussed in the introduction, further to the work of Bennett et al. [20], testing was performed

with 3D printed valves similar to one of the original elastomeric umbrella valves but of much larger

diameter, φAD = 124 mm, with a thickness of tAD = 0.5 mm as shown in Fig. (4.4). Fig. (4.5) shows

the simplified axisymmetric representation of plate-type acoustic valve and cavity. In the schematic,
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4.1 PLATE-TYPE ACOUSTIC VALVE RESONATOR

mounting plate hole radius denoted as rp, plate-type acoustic valve radius as rAPV , impedance tube

inner radius as rtube, nominal neck length as ln, neck area as Sn, mounting plate thickness as tMP,

nominal air-gap as hd , plate thickness as tAPV , and cavity depth as lcav. The diameter of 124 mm was

chosen to maximise the size of the plate-type acoustic valve in the duct of 127 mm diameter, but,

by allowing for a gap of 1.5 mm between the outer diameter of the plate-type acoustic valve and the

inner diameter of the tube, local edge viscous losses are minimised focusing the attention of the study

on the interaction between the plate-type acoustic valve and the mounting plate.

ΦAD =124 mm

(a) Plan view (b) CAD design

tAPV =0.5 mm

tMP =5.8 mm

ØMP =108 mm

ØAPV =124 mm

(c) Elevation view

Figure 4.4: Nominal geometric parameters of the plate-type acoustic valve.

4.1.2 Additive Manufacturing Process

4.1.2.1 Additive Manufacturing

Additive Manufacturing is a layer-by-layer construction of a three-dimensional structure using liquid,

solid or powdered materials. The use of additive manufacturing technologies has shown great poten-

tial in acoustic metamaterial research for rapid prototyping of the structure. This technology helps to

intelligently design to develop the novel acoustic metamaterial overcoming the difficulties associated

with using the traditional materials and manufacturing techniques. A wide range of acoustic devices

can be designed and developed with meticulous details using additive manufacturing. Also, growing

development in additive manufacturing provides a reliable way for rapid prototyping of structures
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Figure 4.5: Axisymmetric schematic of plate-type acoustic valve and cavity.

with complex geometries. There are several additive manufacturing technologies are available such

as stereolithography (SL), fused deposition modelling (FDM), selective laser sintering (SLS), multi-

jet modelling (MJM) or digital light processing (DLP). Among them, FDM and SL are the widely

used technologies based on the references analysed by Suárez and del Mar Espinosa [126] and shown

in Fig. (4.6). The acoustic metamaterial research has been dominated by the use of polymeric mate-

rials: thermoplastics (ABS, PLA, Nylon, TPU ...) and photo-curable resins. In this work, FDM has

been extensively used for the 3D printing of the samples. In FDM, the process of manufacturing the

metamaterial samples starts with designing a model in computer-aided design (CAD) software and

then it is converted to a .STL file where the CAD design is approximated by triangles. In the process,

the CAD model further translated into a .GCODE file that is usable by the 3D printer using a slicer

software. The .GCODE file contains the information for each sliced layer that is going to be printed

individually and the instructions for the printing machine to move in certain coordinates.
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Figure 4.6: A pie chart showing the use of additive manufacturing technologies in acoustic research
[126]

4.1.2.2 Manufacturing the Sample

This one-way valve was manufactured with an Ultimaker-3 FDM 3D printer using a print layer res-

olution of 0.15 mm. The Ultimaker-3 was chosen as it has two printer heads which enables printing

with two different materials at the same time. In this case, PLA was chosen as the main material

of the plate-type acoustic valve while water-soluble PVA was used as the support scaffolding. By

using water-soluble PVA, the scaffolding is more easily and completely removed resulting in a more

accurate shape and a better surface finish.
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Figure 4.7: 3D printed plate-type acoustic valve sample.

Figure 4.8: Mounting plate for plate-type acoustic valve.

Figure 4.9: Mounted 3D printed plate-type acoustic valve sample
(Bottom View).
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Figure 4.10: Mounted 3D printed plate-type acoustic valve sample
(Top View).

Figure (4.7)-(4.10) shows the one-way valve examined in this current research along with its

mounting plate. The mounting plate was also manufactured from aluminium and is 5.8 mm thick.

Like the spacer plates, it is square, 200 mm X 200 mm, and designed to have a sliding fit inside the

square test section. Its hole is designed to provide maximum open area while allowing an overlap of

8 mm with the plate-type acoustic valve, see Fig (4.4(c)). Due to the need to mount the plate-type

acoustic valve to the plate, two narrow ribs are required so the opening is not complete, see Fig. (4.9).

The plate-type acoustic valve was designed with a central strut which allows for a simple push-and-

twist installation process into the mounting plate. The length of the strut was designed so that the

plate-type acoustic valve is in contact with the mounting plate around its perimeter once installed.

Although the designed thickness of the valve was 0.5 mm, the printed sample had a slightly non-

uniform thickness over the surface area. The average thickness was measured to be 0.52 mm using a

micrometer calipers. The value of 0.52 mm was subsequently used for the numerical and analytical

analysis.

4.2 Summary

In this chapter, a new acoustic meta-material termed the “plate-type acoustic valve resonator” has

been introduced. The plate-type acoustic valve is essentially a thin circular plate free at the edge and

clamped at the centre, mounted on a rigid plate with maximum porosity. The development process of

the 3D-printable one-way valves has been described using relevant sketches. Additionally, the design

inspiration and manufacturing process have been discussed.
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5.1 EXPERIMENTAL SETUP

The absorption coefficients for acoustic materials under random and normal incidences can be

measured using two methods: either within a reverberation chamber or through an impedance tube

(Kundt’s tube) under normal incidence conditions. The reverberation time method mainly simulates

the conditions experienced in buildings (reverberation chamber with a volume of 200 m3). But for

layers of textiles with a small diameter (usually less than 10 cm) impedance tube measurement has

been widely used to obtain the normal incidence absorption coefficient. In 1977, Seybert and Ross

[127] proposed the two-microphone random-excitation technique for the determination of normal

acoustic properties. Measurement of absorption coefficient conducted by Chung and Blaser [128] in

1980 based on the transfer function method using impedance tube with two microphones. Several

modifications and different techniques have been reported after that. The techniques reported are the

four-microphone method using an anechoic chamber at the end for transmission loss measurement

[129], [48], the two-microphone dual cavity-backed method [130], a modified variant of the Iwase

method [131], multiple microphone method [132], [133] and simplified three-microphone acoustic

test method [134].

5.1 Experimental Setup

Experimental measurement of the absorption coefficient was performed using the two-microphone

impedance tube method. The tube was designed under the ISO standard 10534-2:2001 [135] for

impedance, reflection and absorption measurements. A schematic of the experimental setup is shown

in Fig. 5.1. The impedance tube, designed for high amplitude testing, is made of aluminium of 12.7

mm wall thickness minimizing leakage and external noise ingress interfering with the data acquisition

process. The tube has a circular cross-section with an internal diameter of φtube=0.127 m and therefore

has a plane wave cut-off frequency of approximately 1.5kHz. The tube has a length L=0.78 m with the

capacity to attach a second length of tube for sound transmission loss measurements under the ASTM

standard E2611 [136] although this is not investigated in this work. A high-amplitude loudspeaker is

attached to the tube at one end. The loudspeaker used in this rig is a JBL 2206H/J 12 subwoofer. The

subwoofer’s frequency response ranges from 45 Hz to 3.5 kHz, allowing for testing at low frequencies

often not reproducible by smaller speakers and impedance tube rigs. The speaker is contained in a

custom-built 18 mm thick plywood unit with a flange opening allowing it to be mounted to the tube.
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Figure 5.1: Impedance tube schematic

A termination/test section to the tube was designed to allow for adjustable back-cavity depths. The

termination is an aluminium, square section housing with a 24.75 mm wall thickness which allows

square spacer plates with circular holes of the same diameter as the internal diameter of the tube to

be inserted behind the mounting plate creating a back cavity. Spacer plates of different thicknesses

can be combined to create a variety of back-cavity depths. A thick, 20 mm, solid aluminium backing

plate with no hole was inserted downstream of the spacer plates to form the hard wall termination.

Figure 5.2 shows a photo of the test set-up with an additional solid hard wall backing bolted to the

rear of the square test section.

Figure 5.2: Photograph of the experimental test section with impedance tube.
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Two G.R.A.S. 40PH microphones, (M1 and M2), with a frequency range of 20 Hz - 20 kHz were

used in the rig and calibrated under the ISO 10534-2:2001 standard. The microphones were recessed

into the wall of the impedance tube and were separated from the internal pressure field of the tube

by a 2 mm diameter hole of 1 mm in length. The microphones were located x1 = 0.212 m and x2=

0.127 m from the face of the plate-type acoustic valve mounting plate. The sample was tested using

white noise with a sound pressure level (SPL) of 94 dB for 120 seconds. Other SPLs ranging from

100 dB to 120 dB were tested but no significant non-linear effects were observed.

5.2 Measurements Techniques

5.2.1 Transfer Function Method

The experiments were conducted in the impedance tube with a two-microphone measurement prin-

ciple based on the transfer function method. The cavity configuration after the sample and hard

termination at the end of the tube were considered for the experiments.

During experiments, white noise is generated through the speaker and the sound pressures from

microphones 1 and 2 are measured as p1 and p2. The complex sound pressures at the two microphones

are given by the sum of the forward and backward travelling waves in the tube [137]:

p1 = Ae jkx1 +Be− jkx1 (5.1)

p2 = Ae jkx2 +Be− jkx2 (5.2)

where x1 and x2 are distances of the microphones 1 and 2 respectively from the face of the sample.

These two complex pressures can then be used to find the transfer function H12, which can be defined

as:

H12 =
p2

p1
=

Ae jkx2 +Be− jkx2

Ae jkx1 +Be− jkx1
(5.3)

The reflection coefficient (r) is defined as the ratio of the reflected wave amplitude (B) to the incident

wave amplitude (A):

r =
B
A

(5.4)

Eq. (5.3) can be written as:

H12 =
Ae jkx2 + rAe− jkx2

Ae jkx1 + rAe− jkx1
(5.5)

After rearranging, the reflection coefficient (r) and absorption coefficient (α) calculated as:

r =
H12e jkx1− e jkx2

e− jkx2−H12e− jkx1
(5.6)
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α = 1−|r|2 (5.7)

5.2.2 Laser Doppler Vibrometry (LDV) Method

The experimental modal analysis of the plate-type acoustic valve was performed using a single-point

vibrometer (PDV-100, Polytec GmbH) based on a Laser Doppler Vibrometry (LDV) methodology.

The working principle of the LDV is related to a laser beam focused on the vibrating structure so that

the relative movement between the laser and the structure causes the presence of the Doppler effect

(or Doppler shift) i.e. the apparent difference caused by relative motion in wavelength and frequency

of a wave when the observer and the source are moving. The modal analysis has been used to identify

the resonant frequencies and mode shapes of the plate-type acoustic valve using a frequency-based

measurement function known as the frequency response function (FRF). FRF is defined as the ratio

of output signal to input signal and can be written in the following form:

H(ω) =
movement

excitation force
(5.8)

Considering the hysteretic model with N set of complex eigenvalues λ 2
r and corresponding eigen-

vectors {Ψr}, the system of equations for the multiple degrees of freedom system has the form of

homogeneous equation as: [
[K]+ i[D]−λ

2
r [M]

]
{Ψr}= {0} (5.9)

where, [M], [D] and [K] are N×N mass, hysteretic damping and stiffness matrices, respectively. At

a frequency ω , when a thin plate is excited at a point p by an excitation function fp(ω), a response

spectrum vq(ω) can be obtained at a point q. The Eq. (5.8) can be re-written as:

H(ω) =
vq(ω)

fp(ω)
=

N

∑
r=1

rApq

ω2
r −ω2 + iηrω

2
r

(5.10)

where, ωr and ηr are the angular natural frequency of the vibration and damping loss factor for the

mode order of r respectively and rApq = |ΩprΩqr| = |ΨprΨqr/mr| is a modal constant and Ψpr and

Ψqr are the elements p and q, respectively, of the mode shape vector of {Ψr} and mr is the generalised

modal mass [138] [139].

Experimentally, movement can be obtained in the form of displacement or velocity or acceleration

and excitation force can be provided from the impact hammer or electrodynamic shakers. Since the

plate-type acoustic valve is very thin, the impact hammer was not effective in providing accurate

measurements. Hence, acoustic excitation has been provided by generating a noise signal with the

loudspeaker. Considering the thinness of the plate-type acoustic valve, using accelerometers as a
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response measurement device has been avoided to prevent modification of its mass. In the presence

of acoustic excitation, the velocity of the plate-type acoustic valve was measured using the laser

vibrometer and the FRF of the system was obtained. The hard solid wall at the end of the cavity was

replaced by a perspex plate with the same thickness as the solid hard wall. Figure (5.3) shows the

𝐿

∅𝑡𝑢𝑏𝑒 𝑙𝑐𝑎𝑣

𝑀1 𝑀2

−𝑥1

−𝑥2
𝑥 = 0

Backing 
Plate (Perspex)

Spacer 
Plate

Mounting Plate

APV

Loudspeaker

Loudspeaker
Housing Unit

PDV 100

Data 
Acquisition
(NI_DAQ)

Laser 
Beam

(a) Schematic diagram of the setup for impedance tube experiments using a Laser Doppler vibrom-
eter to evaluate vibrational measurements.

6     5      4     3     2   1

48 
Measurement 

Points

(b) Measurements scanning points

Figure 5.3: Impedance tube configuration for vibrational analysis.

complete configurations of the impedance tube setup for modal analysis of the plate-type acoustic

valve. Figure (5.3(a)) shows the schematic diagram of the setup for impedance tube experiments with

laser vibrometer and the distribution of the 48 measurements points on the plate-type acoustic valve
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Figure 5.4: Photograph of the experimental test section with PDV-100.

with angel steps θs =45◦ and the radius steps ∆r= 10 mm are shown in the Fig. (5.3(b)). Figure (5.4)

shows the photograph of the experimental setup during the modal analysis.
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5.3 SUMMARY

5.3 Summary

In this chapter, the ensemble of the experimental test rig and the measurement techniques have been

presented. In the acoustic measurements, the main focus was on obtaining the reflection and ab-

sorption coefficients, while laser Doppler measurements were performed to capture the vibrational

modes and corresponding modal shapes. The cavity end section was constructed with a solid wall

and a transparent wall of the same thickness to maintain consistent boundary conditions for both

Laser Doppler Velocimetry (LDV) and acoustic measurements. These measurements were repeated

multiple times to ensure the repeatability of the experimental results.
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Chapter 6

Numerical Prediction of Plate-type
Acoustic Valve Resonator
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6.1 2D FEM MODEL: MODELING WITH THERMO-VISCOUS ACOUSTICS

In this chapter, numerical techniques of the FEM model have been provided for the complete

plate-type acoustic valve resonator system. Modelling techniques in the frequency domain are de-

scribed in detail. The numerical model provides an understanding of the acoustic absorption mecha-

nism, vibration analysis of the plate-type acoustic valve, and the multi-physics coupling of the acous-

tic, thermoviscous, and structural domains.

6.1 2D FEM Model: Modeling with Thermo-viscous Acoustics

FEM simulations were performed using the commercial software COMSOL Multiphysics version 6.0

with preset pressure acoustics, thermoviscous acoustic and solid mechanics interfaces. The Acoustics

module is well suited for all frequency-domain simulations with harmonic variations of the pressure

field. A frequency domain analysis of the plane wave propagation has been performed where the

plate-type acoustic valve was modelled as a linear elastic material using the solid mechanics interface

and the interior of the impedance tube was modelled as air with the pressure and thermoviscous acous-

tics interfaces. Coupling between thermoviscous acoustic and pressure acoustics is achieved with an

acoustic-thermoviscous acoustic boundary while coupling between solid mechanics and thermovis-

cous acoustics is done with a thermoviscous acoustic-structure boundary. The geometric parameters

used in the simulation are chosen from the experimental setup described in Section 5.1 with a vari-

able cavity length (lcav). The geometric model for the FEM simulation, as shown in Fig. (6.1), is a

simplified 2D axisymmetric model to reduce computational costs and time with little compromise of

the fundamental characteristics. The model represents the cylindrical impedance tube set-up with the

plate-type acoustic valve, mounting plate, and back cavity. The geometric coordinates for the plane

in the 2D axisymmetric implementation are (r,z) and the angle ϕ is not defined since it is not part

of the computational domain implemented in the simplified model. The material properties of PLA

were taken from the literature [140]: mass density ρ = 1270 kgm−3, Youngs modulus E = 3.5×109

Pa, Poissons ratio ν = 0.3 [141] and damping factor η= 0.025 [142], with typical values taken for

air: mass density ρ0 = 1.23 kgm−3 and the speed of sound in air being c0 = 343 ms−1. To avoid

domain overlapping in the FEM modelling, a very small gap was introduced between the mounting

plate and the plate-type acoustic valve. Due to the meshing requirements, it is not possible to model

the setup without the gap. The value for the air gap (hd= 0.4 mm) was chosen iteratively to match the

experimental results.

Additionally, an eigenfrequency analysis was also performed using only the solid mechanics part

of the model for the plate-type acoustic valve to obtain its structural resonance modes. The free
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6.1 2D FEM MODEL: MODELING WITH THERMO-VISCOUS ACOUSTICS

vibration of the plate-type acoustic valve (considered as a centrally fixed thin circular plate) in vacuo

was investigated using this eigenfrequency analysis (for further details, see Appendix B.1). The

boundary conditions, meshing and the calculations of the reflection and absorption coefficient are

demonstrated in the following sections.

6.1.1 Boundary Conditions

The vibroacoustic behaviour of plate-type acoustic valve resonators under normal incidence is inves-

tigated using an acoustics module and structural mechanics module in the frequency domain. The

following boundary conditions were used in the numerical simulations. A plane incident wave, pinc,

is applied from the upstream end of the impedance tube with unit amplitude. Some part of the acoustic

energy is reflected from the downstream end and the rest is absorbed by the plate-type acoustic valve

and the cavity. Sound-hard boundary walls and symmetry conditions are also applied to the model as

shown in Fig. (6.1). Pressure acoustics is defined by the Helmholtz equations, visco-thermal acoustics

is defined by linearized Navier Stokes equations and structural mechanics is defined as a linear elastic

material. To model a plate-type acoustic valve as a linear elastic material we need three equations: an

equilibrium balance, a constitutive expression defining the relationship between stress and strain, and

a kinematic equation connecting displacement to strain. The equilibrium equation can be represented

by Newtons second law and can be demonstrated in the tensor form as:

∇ ·σ +Fv = ρ
∂ 2u
∂ t2 (6.1)

where, σ is stress, Fv is body force per volume, ρ is density, and u is displacement vector. The

constitutive equation can be defined by the generalized Hookes law:

σ =C : ε (6.2)

where, ε is the strain and C is the fourth-order elasticity tensor. For COMSOL applications, the

expression expanded to

σ −σ0 =C : (ε− ε0− εinel) (6.3)

where, σ0 is the initial stress, ε0 is the initial strain, and εinel is the inelastic strain and are all zero.

The elasticity tensor matrix (Dε ) can be reduced to 6×6 matrix considering linear elastic material as

isotropic material.
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∥∥∥∥∥∥∥∥∥∥∥∥∥∥∥∥∥∥

2µL +λL λL λL 0 0 0

λL 2µL +λL λL 0 0 0

λL λL 2µL +λL 0 0 0

0 0 0 µL 0 0

0 0 0 0 µL 0

0 0 0 0 0 µL

∥∥∥∥∥∥∥∥∥∥∥∥∥∥∥∥∥∥
where, λL and µL are the Lamé constants and expressed by the Young’s modulus (Em) and Poisson’s

ratio (νm) of the material as:

λL =
Emνm

(1+νm)(1−2νm)
, µL =

Em

2(1+νm)
(6.4)

The kinematic equation provide the relation between displacements u and strains ε in tensor form as:

ε =
1
2
[∇u+(∇u)T ] (6.5)

where T denotes the transpose of the tensor. Considering the small displacements, the normal strain

components and the shear strain components can be represented by the deformation components u, v

and w in 3D.

εx =
∂u
∂x

εxy =
1
2

γxy =
1
2

(
∂u
∂y

+
∂v
∂x

)
(6.6)

εy =
∂v
∂y

εyz =
1
2

γyz =
1
2

(
∂v
∂ z

+
∂w
∂y

)
(6.7)

εz =
∂w
∂ z

εzx =
1
2

γzx =
1
2

(
∂w
∂x

+
∂u
∂ z

)
(6.8)

The symmetric strain tensor can be expressed as:

ε =

∥∥∥∥∥∥∥∥∥
εx εxy εxz

εxy εy εyz

εxz εyz εz

∥∥∥∥∥∥∥∥∥ (6.9)

Since the thin circular plate is fixed at the centre with the clamping portion, a fixed constraint bound-

ary condition has been applied to replicate the problem which is ideally an annular plate fixed at

the inner ring boundary. The material damping can be included in the linear elastic material using

different damping types (e.g. isotropic loss factor, an-isotropic loss factor, viscous damping, etc.).

66
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The impedance tube and backing cavity have been modelled using the Pressure Acoustics, Fre-

quency Domain interface and defined by the homogeneous Helmholtz equation:

∇

(
− 1

ρ0
∇p

)
−

ω2
0 p

ρ0c2
0
= 0 (6.10)

where, ω0 is the angular frequency, p is the total acoustic pressure, pb is the the background pressure,

ρ0 is the density of the air and c0 is the speed of sound in air. A plane wave radiation boundary

condition with incident pressure field has been applied to the inlet of the impedance tube and end of

the backing cavity considered as a solid hard boundary wall.

Because acoustic waves travel through narrow areas i.e. air-gap between plate-type acoustic valve

and mounting plate, the thermal and viscous boundary layers in the vicinity of the walls will generate

thermal and viscous loss effects. To include the thermo-viscous effect in the model, the Thermo-

viscous Acoustics, Frequency Domain interface has been used which is defined by the linearized

Navier Stokes equations with scattered field formulation (the field solved for the acoustic pressure

p, the particle velocity v, and the acoustic temperature T ). The governing equations are the set of

equations of conversation of momentum, conservation of energy, and conservation of mass with the

constitutive equations of state in the case of an ideal gas in linearized form.

iωρ =−ρ0(∇ ·v)

iωρv = ∇ · {−pI+µ(∇v+(∇v)T )+(µB−
2
3

µ)(∇ ·v)I}

iω(ρ0CpT −T0α0 p) =−∇ · (−kT ∇T )

ρ = ρ0(βT p−α0T )

(6.11)

where, α0 = −( 1
ρ0
)[ ∂ρ0

∂T0
]p0 is the coefficient of thermal expansion (isobaric) and βT = ( 1

ρ0
)[ ∂ρ0

∂ p ]T0 is

the isothermal compressibility.

The coupling between pressure acoustics and thermo-viscous acoustics has been performed using the

Acoustic-Thermoviscous Acoustic Boundary interface while the coupling between solid mechanics

and thermo-viscous acoustics has been performed with the Thermoviscous Acoustic-Solid Interaction

interface.

6.1.2 Meshing

A user-controlled mesh with free triangular elements was used to create the mesh. The acoustic

mesh element size criterion depends on the smallest acoustic wavelength (λ0) of interest. The largest

elements, situated at the impedance tube and within the cavity, were 0.02 meters in length. The
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6.1 2D FEM MODEL: MODELING WITH THERMO-VISCOUS ACOUSTICS

Symbol Value Unit
Equilibrium temperature (T0) 293.15 K

Equilibrium pressure (p0) 101325 Pa
Density (ρ0) 1.2043 kg/m3

Dynamic viscosity (µ) 1.8140e−3 Pa · s
Bulk viscosity (µB) 0 Pa · s

Heat capacity at constant pressure (Cp) 1005.4 J/(kg ·K)
Thermal conductivity (kT ) 0.0258 W/(m ·K)

Table 6.1: Properties of air

wavelength of the highest computed frequency ( fmax = 1500 Hz) is 0.23 m, resulting in an element

per wavelength ratio of 0.23
0.02 = 11.5. Considering that the largest acoustic mesh element should never

be larger than 1
12 of the wavelength λ0, the maximum and minimum element sizes are defined as: c0

12 f0

and dv/4 = 1
3

√
( 2µ

ωρ0
) = 220µm · 1

3 ·
√
(100Hz

f0
) respectively. Figure 6.2 shows a portion of the mesh

plot and highlights some of the mesh features in the vicinity of the plate-type acoustic valve. To

Figure 6.1: Simplified 2D axisymmetric geometric model for numerical simulation.

simulate the change in thermo-viscous conduction, two boundary layers have been added along the

wall of the air gap. The complete mesh consists of 3587 domain elements and 608 boundary elements.

The number of degrees of freedom solved for is 24830. A parametric frequency sweep was performed

from 50 Hz to 1500 Hz with a 1 Hz frequency increment for frequency domain analysis. The average
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Figure 6.2: Simplified 2D axisymmetric geometric model for numerical simulation (meshed).

simulation time was 13 minutes and 45 seconds on a workstation with the following specifications:

an 8-core 2.40 GHz processor and 64 GB RAM.

6.1.3 Calculation of the Absorption Coefficient

The absorption coefficient can be obtained in the form of the total visco-thermal dissipation (Pdiss) in

the small opening area or air gap, the energy lost per cycle (Qh) in the elastic material and terms of

incident power (Pin) [13].

α =
Pdiss +Qh

Pin
=

Pdiss +Qh
p2

incA
2z0

(6.12)

where, pinc is the incident pressure and A is the area of the tube.

6.2 Mesh Convergence

A mesh convergence study has been performed for the 2D FEM numerical model using the different

DOFs. Figure (6.3) shows the absorption coefficients with two different meshes. Mesh-1 consists of

24830 nodes or DOF and in Mesh-2 number of nodes has been increased to 33040 nodes. The relative

percentage error of the absorption coefficients can be calculated as:

Error% =
|αA2−αA1|

αA2
100% (6.13)
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Figure 6.3: Absorption coefficient for different no. of DOFs in the 2D FEM numerical simulation.
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Figure 6.4: Relative percentage of error in the absorption coefficient using different mesh. The max-
imum relative error is less than 1%.

where, αA1 and αA2 are the absorption coefficients obtained from the simulations using Mesh-1 and

Mesh-2, respectively. The relative percentage of error in the absorption coefficient has been shown in

Fig. (6.4) using two meshes. It can be seen that the relative error is less than 1%. So, further mesh

refinement is not necessary.
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6.3 PARAMETRIC ANALYSIS OF PLATE-TYPE ACOUSTIC VALVE RESONATOR

(a) Mesh element quality based on maximum angle

(b) Mesh element quality based on skewness

Figure 6.5: Mesh element quality for different quality measures obtained from mesh statistics of
COMSOL.

6.3 Parametric Analysis of Plate-type Acoustic Valve Resonator

A parametric analysis has been performed to understand the effects of different material properties

and geometric parameters on the absorption performance.

6.3.1 Influence of the Material Properties

To get the suitable fitted material properties and to show the effect of the material properties in the

absorption coefficient, a parametric analysis has been performed using a numerical model varying the
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6.3 PARAMETRIC ANALYSIS OF PLATE-TYPE ACOUSTIC VALVE RESONATOR

Em, ρm, νm and ηm one by one. The mass of the plate-type acoustic valve can be changed by varying

either the thickness or the density of the plate-type acoustic valve.

6.3.1.1 Young’s Modulus (Em) and structural loss factor ηm

The acoustic performance of the plate-type acoustic valve resonator has been investigated by varying

Young’s modulus (Em) and shown in Fig. (6.6). It can be seen that by increasing the Em, structural

resonance frequency is shifted to a higher value. Since, the relationship between the fmn and Em is

directly proportional ( fmn ∝
√

Em) increasing Em will help increase the fundamental natural frequency.
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Figure 6.6: Absorption coefficient with different Young’s modulus (Em) of the material in the 2D
numerical model.

The loss factor can be defined using the energy terms of a system. Those terms are: the dissipated

energy per cycle (Ēdiss), the maximum energy stored in the plate (Ēp), and the potential energy stored

in the air-gap boundary layer (Ēp). The loss factor can be expressed as:

ηm =
Ēdiss

2π[Ēp + Ēal]
(6.14)

with

Ēdiss =−
π p0c0

ω

∫
Ap

Re(pv∗p)dAp

Ēp =−
1
2

Dpc2
0

∫
Ap

[
∂ 2vp

∂ x̄2

]2

dAp (6.15)
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Figure 6.7: Absorption coefficient with different structural damping of the material in the 2D numer-
ical model.

Ēal =−
1
2

p2
0

ρc2
0

∫
Ap

∫ hd/2

z=−hd/2
[Re(p)]2dz̄dAp

where, Ap is the surface area of the plate and (∗) stands for complex conjugate. Hence, the relationship

between the energy stored in the plate and the structural loss factor is inversely proportional. Fig. (6.7)

shows the sound absorption coefficients of the plate-type acoustic valve resonator with varying loss

factor (ηm) as damping of the plate-type acoustic valve. It can be observed that, as ηm increases, the

amplitude of the structural resonance peaks in the sound absorption coefficient declines, widening the

bandwidth.

6.3.1.2 Density (ρm) and Poisson’s ratio νm

The relationship between the fmn and ρm is inversely proportional ( fmn ∝ 1/
√

ρm) increasing ρm will

help decrease the fundamental natural frequency and can be seen in Fig. (6.8). Also, the relationship

between the fmn and νm is proportional ( fmn ∝ 1/
√

1−ν2
m) increasing νm will help increase the

fundamental natural frequency and can be seen in Fig. (6.9).
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Figure 6.8: Absorption coefficient with different density (ρm) of the material in the 2D numerical
model.
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Figure 6.9: Absorption coefficient with different Poisson’s ratio (νm) of the material in the 2D numer-
ical model.

6.3.1.3 The ratio of Young’s modulus and density ( Em
ρm

)

The ratio of Young’s modulus and density of the material known as the specific modulus or specific

stiffness
Em

ρm
(6.16)

For solid PLA, the specific modulus is 1.20 ×106 m2/s2 [143]. Figure (6.10) shows the sound
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Figure 6.10: Absorption coefficient with different specific modulus ( Em
ρm

) of the material in the 2D
numerical model.

absorption coefficients of the plate-type acoustic valve resonator with varying specific modulus ( Em
ρm

)

of the plate-type acoustic valve. It can be observed that by increasing the specific modulus of the

plate-type acoustic valve, the frequency position shifts to a higher frequency for structural resonance

peak of f01. This incorporates the directly proportional relationship between fmn and Em, expressed

as fmn ∝
√

Em. However, there is a shift to a lower frequency position for the structural resonance

peaks of f02 and f03. This incorporates the inversely proportional relationship between fmn and ρm,

expressed as fmn ∝ 1/
√

ρm. It’s intriguing to note that the position of the structural resonance peak

before the Helmholtz resonance is affected by Young’s modulus, whereas the position of the structural

resonance peak after the Helmholtz resonance is influenced by the density of the material.

6.3.2 Thickness of the plate-type acoustic valve (tAPV )

Figure (6.11) shows the sound absorption coefficients of the plate-type acoustic valve resonator with

varying thickness (tAPV ) of the plate-type acoustic valve. According to Eq. (3.30) substituting the

D, the relationship between the fmn and tAPV directly proportional ( fmn ∝ tAPV ) increasing tAPV will

help increase the fundamental natural frequency. It can be seen that the amplitude of the absorption

coefficient increased by increasing the thickness of the plate. The increase in the thickness results

in decreasing the air-gap height between the plate-type acoustic valve and mounting plate results in

modifying the neck size in Helmholtz resonance. This effect is known as the “pumping effect” and

will be explained in detail in the next section.
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Figure 6.11: Absorption coefficient with different thickness (tAPV ) of the plate-type acoustic valve in
the 2D numerical model.

Figure 6.12: Schematic of pumping effect where uair is the motion of the air and uplate is the motion
of the flexible plate [121].

6.3.3 Air-gap between Mounting plate and plate-type acoustic valve (hd)

Figure (6.13) shows the effect of changing the air gap between the flexible plate-type acoustic valve

and the fixed mounting plate. The motion of the plate-type acoustic valve is principally perpendicular

to the motion of the air particles. The amplitude of the absorption coefficient shows a significant

increase as a result of decreasing air-gap height. This could be explained by the “pumping effect” or

“pumping mechanism”. The pumping of air occurs when a flexible plate of a system vibrates with

different amplitude or phase even different amplitude and phase than air, the relative displacement

results in periodic movement of the air in and out of the air gap between the two plates (see Fig.

(6.12)). The pumping mechanism induces high viscous losses near the boundary walls of the air gap,

which results in increasing damping of the plate-type acoustic valve. From Fig. (6.13) it can be

seen that, although the Helmholtz resonance is controlled by the air-gap and cavity depth, structural
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resonance is also affected by the air-gap due to the pumping mechanism. To create a pumping effect

successfully in the system, a small air gap must be chosen with some consideration while allowing

the plate-type acoustic valve to vibrate independently. If the air-gap height to be chosen is very large,

the incident energy dissipation by the visco-thermal effects is very small. If the air-gap height to

be chosen is very small, no pumping effects occur due to the strong coupling between two plates

resulting in negligible energy dissipation [121].
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Figure 6.13: Absorption coefficient with different air-gap in the 2D model.

6.3.4 Cavity Depth (lcav)

The last design parameter to be investigated is the air-cavity depth (lcav) behind the plate-type acoustic

valve. The effect of three cavity depths of 20mm, 30 mm, and 40 mm in the absorption coefficient of

the plate-type acoustic valve resonator has been included in Fig. (6.14). The corresponding Helmholtz

resonance frequencies are 600 Hz, 492 Hz, and 433 Hz for the cavity depths of 20mm, 30 mm, and

40 mm, respectively. It can be seen that Helmholtz resonance frequency has been shifted to the lower

frequency increasing the cavity depth as the relationship between the Helmholtz resonance frequency

is inversely proportional to the squared root of the cavity volume according to the Eq. (2.20). Three

other distinctive resonance peaks can be seen in the absorption curves. Interestingly, they are not af-

fected significantly by the varying cavity depths. Those three resonance peaks can be identified as the

structural resonance peaks i.e. f01 = 212 Hz, f02 = 735 Hz, and f03 = 1465 Hz. Also, a gradual de-

crease in the amplitude of the absorption coefficient at the Helmholtz resonance frequency can be seen

in decreasing the cavity depths. In general, if the Helmholtz resonance frequency and the structural

77



6.3 PARAMETRIC ANALYSIS OF PLATE-TYPE ACOUSTIC VALVE RESONATOR

0 500 1000 1500

Frequency (Hz)

0

0.1

0.2

0.3

0.4

0.5

0.6

0.7

0.8

0.9

1

A
b

s
o

rp
ti

o
n

 C
o

e
ff

ic
ie

n
t

l
cav

= 20 mm

l
cav

= 30 mm

l
cav

= 40 mm

Figure 6.14: Absorption coefficient with different cavity depth in the 2D model.

resonance frequency are reasonably apart from each other, both absorption peaks are distinctively

separated. However, if the Helmholtz resonance frequency and the structural resonance frequency

are reasonably close to each other two peaks essentially combined widening the effective absorption

bandwidth [94]. According to the theoretical and experimental investigation for the flexible MPP by

Lee et al. [9], if the resonance frequency due to the perforations is higher than the structural resonance

frequency (i.e. fMPP > fmn), absorption coefficient degrades due to the structural vibration. In that

case, MPP vibrates in the same direction as the air particle movements at the air gap. The veloci-

ties of the air particles are lower than the velocity of MPP which results in a lower relative velocity

thus lower absorption coefficient. When fmn > fMPP, the MPP vibrates in the opposite direction of

the motion of the air particle. At the structural resonance, the change of phase happens by 180◦.

The velocities of the air particles are relatively higher than the MPP vibration which results in the

higher relative velocity causing a higher absorption coefficient. From Fig. (6.14), it can be observed

that when fh,20mm < f02 the two relatively close absorption peaks from the Helmholtz resonance and

structural resonance are merged broadening the absorption bandwidth of the plate-type acoustic valve

resonator. In contrast, when fh,40mm > f01, the two absorption peaks are relatively far apart, resulting

in lower absorption at the Helmholtz resonance frequency. However, an improvement in the absorp-

tion coefficient at the frequencies between the structural resonant frequency and Helmholtz resonance

frequency can be observed.
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6.4 Alternative Modelling Techniques in COMSOL

Modelling using the Thermoviscous Acoustics interface can become computationally demanding due

to the intricate details required to capture all physical effects. For a simple geometry, it is possi-

ble to address thermoviscous losses more efficiently by utilizing the Narrow Region Acoustics and

Thermoviscous Boundary Layer Impedance feature within the Pressure Acoustics interface.

6.4.1 Modelling with Narrow-region Acoustics Interface

The fluid models within Narrow Region Acoustics serve to replicate the thermal and viscous losses

apparent in slender tubes where the length scale of the tube’s cross-section aligns with the thickness of

the thermal and viscous boundary layers (referred to as boundary-layer absorption). Including these

losses is crucial for obtaining accurate results. This model, as an equivalent-fluid representation,

proves effective in lengthy tubes of uniform cross sections (or those with gradual variations), serving

as an alternative to a highly detailed thermoviscous acoustics model. This particular model signif-

icantly reduces computational requirements compared to a comprehensive thermoviscous acoustic

model. For instance, when examining lengthy, narrow ducts or tubes with uniform cross-sections,

these models offer the option to integrate or diffuse boundary layer losses into the bulk of the fluid,

creating an equivalent fluid model.

In many geometries, there are established analytical expressions specifically detailing the losses

linked to the acoustic boundary layers. These models can be applied under various assumptions (i.e.

wide ducts approximation, slit, circular duct, rectangular duct, and equilateral triangular duct, very

narrow circular ducts (isothermal)) to accommodate different conditions. Among them, the models

for the slit, circular duct, rectangular duct, and equilateral triangular duct are built upon the low

reduced frequency (LRF) model. This model specifically characterizes how acoustic waves propagate

in compact waveguides, encompassing both ducts and slits, while accounting for thermal and viscous

losses [21]. Within a narrow waveguide, the values for the complex wave number (kc) and complex

specific acoustic impedance (Zc) are provided as follows:

k2
c = k2

0

(
γ−(γ−1)Ψt

Ψv

)
k0 =

ω

c

Z2
c =

Z2
0

Ψv(γ−(γ−1)Ψt)
Z0 = ρc

Here, Ψv and Ψh denote functions dependent on geometry and materials, which are detailed below,

while γ represents the ratio of specific heats. The fluid’s density (ρ), speed of sound (c), and angu-

lar frequency (ω) establish the free space wave number (k0) and specific acoustic impedance (Z0).
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The subscripts v and t specifically denote the viscous and thermal fields, respectively. Once these

parameters are determined, the complex speed of sound and complex density can be expressed as

follows:
cc =

ω

kc

ρc =
kcZc

ω
=

k0Z0

ω

1
Ψv

=
ρ

Ψv

The values of the Ψ j functions are obtained through the resolution of the complete set of linearized

Navier-Stokes equations. This involves breaking down these equations into an isentropic (adiabatic),

a viscous, and a thermal component.

k2
v =−iω

ρ

µ
k2

t =−iω
ρCp

k

The equations can be analytically solved based on the following assumptions:∣∣∣∣ kj

k0

∣∣∣∣� 1⇒ λ0� δj

where, k j is the viscous and thermal wave numbers and δ j is the boundary layer thickness. The

resulting analytical expressions, for the viscous and thermal Ψ j functions, are for the slit of height hs

can be represented as:

Ψj = 1−
tan
(
kjhs/2

)
kjhs/2

Also,

hs�
c
ω
,1�

∣∣∣∣k jc
ω

∣∣∣∣
In COMSOL, the Pressure Acoustic module utilizes the Narrow Region Acoustics (NRA) interface,

which accounts for thermal and viscous losses within the system. In the current model, the slit

configuration in the NRA interface has been included with a slit height of 0.4 mm.

6.4.2 Modelling with Thermoviscous Boundary Layer Impedance

The Boundary Layer Impedance (BLI) model, proposed by Bossart et al. [144] in 2003, seeks to

incorporate the visco-thermal effects arising from acoustic boundary layers. This model employs an

impedance-like boundary condition to address these effects. The Thermoviscous Boundary Layer

Impedance condition defines the inward normal velocity −n ·v at the boundary in terms of the pres-

sure and its tangential derivatives. This condition relates the fluid velocity vector v to the pressure

distribution and its gradients in the tangential direction at the boundary.

−n ·v =−iω
(

Tbnd−
βpT
ρCp

p
)

δtβp

1+ i
− vn +

δv

1+ i

(
∇‖ ·v0

‖+
1

iωρ
∆‖p

)
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Figure 6.15: Comparison between simulated absorption coefficients using thermo-viscous acoustics,
narrow region acoustics, and boundary layer impedance interfaces in 2D numerical modelling.

where the (isobaric) coefficient of thermal expansion is βp =
1
c

√
Cp(γ−1)

T , Tbnd representing a potential

boundary temperature variation source, vn representing a possible normal velocity source, and v0
‖

representing a potential tangential velocity source. These sources contribute to the overall formulation

of the impedance-like boundary condition in the model. In the present model, an impedance-like

boundary condition using a boundary layer has been incorporated into the wall of the impedance

tube.

Figure (6.15) displays the absorption coefficient obtained from both thermo-viscous acoustics and

thermo-viscous boundary layer impedance, as well as narrow-region acoustics within 2D numerical

models. Narrow region acoustics and thermoviscous acoustics provide a similar absorption profile

to the experimental absorption curve. It should be noted that the 2D prediction with thermo-viscous

acoustics is closer to the experimental absorption curves, as it was fitted to those curves using different

geometric and material properties in the numerical model. Utilizing the fitting parameters in the

model with the narrow region acoustics brings it closer to the experimental curve. In this scenario,

the narrow region acoustics interface proves to be a reliable alternative to the thermoviscous acoustics

interface. The 2D numerical model of thermo-viscous boundary layer impedance predicted losses due

to structural resonance. However, it underpredicted losses attributed to Helmholtz resonance since it

is not applicable in a very narrow waveguide and only works for higher frequencies[145].
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6.5 Summary

This chapter includes extensive studies of the 2D FEM numerical model based on COMSOL’s FEM

implementation. Modelling techniques in the frequency domain and eigenfrequency analysis have

been presented. The acoustic performance and vibrational behaviour have been investigated using the

model of frequency domain and eigenfrequency analysis. A parametric analysis has been performed

using the geometric and material properties of the plate-type acoustic valve resonators. A detailed

investigation of the absorption mechanism will be presented the Chapter 7.
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Chapter 7

Characterisation of the Sub-wavelength
Plate-type Acoustic Valve Resonator
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In this section, analytical, experimental and numerical results are presented as a function of the

cavity depth, material properties and plate thickness.

Figure (7.1) provides some initial baseline results. The absorption coefficient was measured ex-

perimentally for an empty tube, and then, with the mounting plate installed but without the plate-type

acoustic valve, see Fig. (4.8). In both cases, there was a 40 mm cavity depth. The empty tube, as

expected, results in effectively near-zero absorption (high reflection), demonstrating the correct func-

tioning of the rig and methods. The frequency domain numerical solution provides an identical result,

confirming the proper functioning of the numerical model. When the mounting plate is inserted, it

results in non-zero absorption, with the numerical and experimental results in close agreement. Some

losses are assumed to occur due to acoustic velocity flow around the edges of the mounting plate, but

since the absorption value is less than 0.1 in the frequency range, it is assumed from here on that the

mounting plate itself has little effect on the absorption coefficient. Some resonance peaks correspond-

ing to the acoustic resonance modes of the impedance tube can be observed. Additionally, negative

absorption is visible at very low frequencies (19 Hz), which is attributed to the lower frequency limit

of the experimental setup being 45 Hz.
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Figure 7.1: Absorption coefficient for mounting plate only with no plate-type acoustic valve. 40 mm
cavity depth.

Figure (7.2) shows the absorption coefficient when the plate-type acoustic valve is inserted with a

very shallow 5 mm cavity depth. The numerical result shows two relatively broadband peaks with very

high absorption coefficients, the first being at 1140 Hz and the second at 1460 Hz. The experimental

result is again in very close agreement with a slight frequency shift at the lower frequency but also

to be noted are indications of other peaks not found in the numerical result. This will be discussed

further in the thesis. A very significant result for this configuration is that the lower frequency peak
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has perfect absorption experimentally at a cavity depth of only 5 mm. This means for a frequency

of 1184 Hz, which has a wavelength of 0.29 m, the plate-type acoustic valve technology is deeply

sub-wavelength with perfect absorption at a wavelength-to-depth ratio of 58.
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Figure 7.2: Absorption coefficient for 5 mm cavity depth.

Figure (7.3) compares the experimental and numerical absorption coefficients for the plate-type

acoustic valve with differing: 10 mm, 20 mm, 30 mm and 40 mm, cavity depths. The absorption

coefficient for the numerical main peaks seems to monotonically decrease whereas, for the experi-

mental results, the absorption coefficient is higher for the 40 mm cavity depth than the 30 mm cavity

depth. This point will also be further investigated in the thesis. Examining now the general results

for the absorption coefficient for the plate-type acoustic valves, we see that the results are extremely

good. By increasing the depth of the cavity, lower frequencies can be attenuated, and although the

magnitude of absorption decreases with frequency, it remains quite high.

7.1 Helmholtz Resonance of the Plate-type Acoustic Valve Resonator

With regard to the frequency at which the main peak occurs in Fig. (7.3), there seems to be a non-

linear relationship between the depth and the frequency. This behaviour allows us to identify the

main peak as resulting from a Helmholtz resonance. Through observation of the standard Helmholtz

equation in Eq. (7.1),

fHR =
c0

2π

√
Sn

lnVc
(7.1)

where, ln and Sn are the neck’s effective length and area respectively, and Vc is the effective cavity

volume, we can see that when the depth of the back-cavity is doubled, the frequency of the main peak
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decreases by 1√
2
. The frequencies of peak absorption from the numerical analysis in Fig. (7.3) are

860 Hz, 600 Hz, 490 Hz and 430 Hz. As, for example, 600 Hz is very close to 860√
2

and 430 Hz is

very close to 600√
2

it is reasonable to deduce that these main peaks result from a Helmholtz resonance

where the neck is the circumferential gap between the plate-valve and the mounting plate. Unlike

typical Helmholtz resonators, the orifice here is not a single hole whose axis is parallel to that of the

cavity, but rather it is a circular gap whose axis is perpendicular. Additionally, because the plate valve

vibrates, causing the gap to change over time and as a function of radius, determining the geometry

of the neck is less straightforward.

Figure 7.3: Absorption coefficient for 10 mm, 20 mm, 30 mm and 40 mm cavity depths. Solid line:
Experimental. Dotted line: Numerical.

To try and understand the underlying mechanism of Helmholtz resonance in the acoustic plate-

valve configuration, the geometry is examined as shown in Fig. (7.4), which is considered to be

axisymmetric around its axis at r=0. This assumption ignores the effect, if any, of the presence of the

mounting plate ribs, as seen in Fig. 4.8. The definition and value of the terms are provided in Table

7.1. The nominal neck length is considered to be the overlap of the plate-type acoustic valve over

the mounting plate: ln, and the volume of the cavity, Vc, is straightforward to calculate. However,

the area of the neck is complicated by the fact that the radius at the beginning of the neck, rp, is

different to that at its end, rAPV . A reasonable approximation is to calculate the area as 2πravhd , where

rav = (rp + rAPV )/2. Using these values and the same value for the air gap as used in the numerical
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Figure 7.4: Axisymmetric schematic of the plate-type acoustic valve and cavity (restated from Chap-
ter 4, highlighting its importance in comprehending the absorption mechanism of Helmholtz reso-
nance within the acoustic plate-valve configuration).

analysis (see Section 6.1), hd = 0.4mm, the analytical results calculated using Eq. 7.1 are compared

to those from the experiments and the numerical analysis and are shown in Table 7.2. However, it

can be seen that the analytical results shown in column 4 underestimate both the experimental and

numerical values.

To gain further insight, an additional numerical analysis of the system was performed. In this

case, the plate valve was held fixed and rigid, not allowed to vibrate. For the initial analysis, where

the same value of the air gap is used for the rigid plate (hd = 0.4mm), the Helmholtz frequencies

were significantly different. This highlights the fact that the physics of the systems with flexible and

rigid plates are different. The analysis was then repeated until a gap was found which gave the same

Helmholtz peak frequencies as for the flexible plate case. These values are tabulated in column 5 of

Table 7.2 and the absorption curve spectra are provided in Fig. (7.5). The gap value which provided

the same Helmholtz peak frequencies was found to be much greater at hd = 1.3mm. The observation

here is that a flexible plate valve behaves as a rigid plate resonator with a larger gap, but only from

a Helmholtz frequency perspective. It can be observed that the absorption magnitudes of the flexible

plate-type acoustic valve resonator are greater at the Helmholtz peak frequencies. In addition, the
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Geometric Parameter Symbol Value
Mounting Plate Hole Radius rp 54 mm

Plate-type acoustic valve Radius rAPV 62 mm
Impedance Tube Inner Radius rtube 63.5 mm

Neck Nominal Length ln 8 mm
Mounting Plate Thickness tMP 5.8 mm

Nominal Gap hd 0.4 mm
Plate Thickness tAPV 0.52 mm
Cavity Depth lcav 5 mm - 40 mm

Table 7.1: Parameters and values of the terms in Fig. 7.4.

Cavity Depth Experimental Numerical Flex. Analytical Rigid Numerical Rigid Analytical Rigid
Flex. (hd = 0.4mm) (hd = 0.4mm) (hd = 1.3mm) End Correction (hd = 1.3mm)

lcav(mm) fHR(Hz) fHR(Hz) fHR(Hz) fHR(Hz)

40 439 430 328 427 432
30 515 490 379 496 499
20 634 600 465 613 611
10 861 860 657 861 864

Table 7.2: Helmholtz frequencies as a function of backing cavity depths.

additional high absorption peaks seen in Fig. (7.3) are not present when the plate valve is rigid. Both

of these facts demonstrate the benefit of making the plate flexible.
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Figure 7.5: Absorption coefficient for 10 mm, 20 mm, 30 mm and 40 mm cavity depths. Numerical
solution for a rigid plate which does not vibrate (hd = 1.3mm).

Furthermore, the acoustic particle velocity in the vicinity of the air gap was examined for the

rigid plate case. An example of this is provided in Fig. (7.6). It is clear in this figure that the viscous

boundary layer is not confined to the air gap alone but, as is commonly observed in ducts, effects
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Figure 7.6: Particle velocity in the vicinity of the air gap from a 2D axisymmetric FEM simulation.
Numerical solution for rigid plate which does not vibrate (lcav = 40mm,hd = 1.3mm).

continue into the field at both ends. This implies that end corrections to the term ln as a function of

gap size must be implemented into the analytical analysis. Once the effective length of the neck is

increased to accommodate for the end corrections, we see in column 6 of Table 7.2, that the same

peak frequencies can be correctly modelled.

Further research must be undertaken to determine a means to estimate the effective average gap,

but in this study, it seems clear that the principle absorption peak that varies with cavity depth is due

to Helmholtz resonance.

7.2 Vibrational Analysis of the Plate-type Acoustic Valve

In Fig. (7.3), we saw high absorption from the plate-type acoustic valve at the Helmholtz frequency

and good agreement between experimental and numerical results in the Helmholtz frequency range

for the 10 mm and 40 mm cavity depth. There are small discrepancies in amplitude and frequency for

the 20 mm and 30 mm deep cavities.

In addition to the plate-type acoustic valve providing high absorption at the Helmholtz frequen-

cies, we can also see absorption peaks at other frequencies. Figure (7.7) separates out Fig. (7.3) into

the numerical and experimental results for clarity. In Fig. (7.7(a)) it is clear that there are three fre-

quency ranges: N1, N2 and N3 where, for each of the cavity depths, there are absorption peaks which
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do not vary with depth. These are considered to be associated with structural vibrational modes of the

flexible plate-type acoustic valve whose frequencies are more a function of material properties than

cavity depth. The peaks in the N2 range tend to be masked by the Helmholtz curves, whereas, for the

N1 and N2 frequency ranges, the peaks increase in magnitude as the Helmholtz peaks approach them

in frequency.

In Fig. (7.7(b)) we see, that in the experimental results, additional absorption peaks associated

with vibrational modes are present. This can be explained by the fact that the frequency domain

numerical solution is an axisymmetric analysis and thus only radial nodes for the axisymmetric zeroth

azimuthal mode, i.e., A(m,n) = A(0,n) can be resolved. For the inherently 3D experimental results, as

can be assumed at this point, all vibrational modes can be excited to different degrees of amplitude

response.
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Figure 7.7: Plate-type acoustic valve absorption results as a function of cavity depth.
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It is clear that, whilst there is a similarity in frequency between the vibrational peaks in both the

experimental and numerical results the exact frequencies and amplitudes are not the same. A short

study was conducted, as shown in Fig. (7.8), where the material properties of the PLA were altered

from the values used. The values of ρm, Em, νm and ηm, were varied for lcav= 40 mm to ρm = 1240

kgm−3, Em = 3.8×109 Pa, νm = 0.33 and ηm= 0.03 as opposed to the results used in Section 6.1.

Through observation of Fig. (7.8), it can be seen that the vibrational peaks are sensitive to these

material property parameters whereas the Helmholtz frequency remains unchanged. The frequencies

and amplitudes have increased and a peak at approximately 750 Hz has now appeared where before

there was none.

Referring back to Fig. (7.7), it is plausible to think that the numerical peaks at N1 correspond to

either E2 or E3, N2 correspond to either E4 or E5 and that N3 corresponds to E6.

Figure 7.8: Comparison of absorption response when the material properties in the numerical model
are altered (40 mm cavity depth).

7.2.1 Analytical and Numerical Eigenfrequency Analysis

To gain further insight into the nature of the vibrational modes responsible for the absorption peaks,

analytical models from the literature have been examined. For analytical modelling, the plate-type

acoustic valve can be considered as a thin circular plate. The eigenfrequencies of a thin circular plate

(tAPV << rAPV ) are given by Chiang and Huang [111] in the following equation:

fmn =
λ 2

mn

2πr2
APV

√
D

ρmtAPV
(7.2)
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with

Dp =
Emt3

APV
12(1−ν2

m)
(7.3)

where, Dp is the flexural rigidity. The parameter λmn can vary to represent the eigenvalues corre-

sponding to specific boundary conditions (e.g., free, clamped all around, simply supported, centrally

clamped free edge, etc.). The calculated eigenvalues for different boundary conditions for a thin plate

are provided by Timoshenko et al. [108], Southwell [109] Colwell and Hardy [110] and are well docu-

mented by Leissa [93]. For example, if we consider the symmetric mode A(m,n) where m=0, n=1,2,3...

and ν=0.33 for a completely free plate, the analytical eigenvalues are calculated to be: λ0n= 3.014,

6.209, 9.370, 12.53...[93]. Table 7.3 shows the first four analytical eigenfrequencies of a completely

free thin circular plate.

In addition, a vibrational (eigenfrequency) analysis was conducted in COMSOL of the same free

thin circular plate. The medium is that of a vacuum to match that in the analytical model. The

numerical and analytical eigenfrequencies are well matched and validate each other as models.

Analytical Numerical
f0n(Hz) f0n(Hz)

94.4 94.2
400.5 399.9
912 912
1631 1628

Table 7.3: Eigenfrequencies of a completely free thin circular plate in a vacuum.

For the plate-type acoustic valve attached to the experimental rig, it can be considered as a thin

circular plate free at the edge but fixed at the center. Southwell [109] solved a similar problem with

a free circular disk clamped at the centre, considering it as an annulus plate free on the outside and

clamped on the inner edge, which is well-suited for the current configuration of the plate-type acoustic

valve. The first column of Table 7.4 shows the eigenfrequencies (in a vacuum) from the analytical

model of the plate-type acoustic valve modelled as a centrally fixed free edge thin plate[93].

The simulated eigenfrequencies and mode shapes of the plate-type acoustic valve from the COM-

SOL eigenfrequency analysis are shown in Table 7.5 and the eigenfrequencies are also tabulated in

the second column of Table 7.4. Although the FEM simulation is based on a 2D axisymmetric model,

the 3D mode shapes of the plate-type acoustic valve were generated using post-processing of the 2D

results for better visualization. A comprehensive three-dimensional model will be presented in Chap-

ter 8. The eigenfrequency analysis in a vacuum for this simplified boundary condition allows for this

3D visualization, whereas the full frequency domain COMSOL numerical analysis in Section 6.1 as
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Fundamental natural frequency fmn(Hz)
Mode
(m,n) Analytical Numerical (Eigenfrequency) Experimental Numerical (Frequency Domain)
(0,0) 43 43 E1 (31)
(0,1) 240 242 E2 (224) N1 (190)
(0,2) 703 698 E4 (717) N2 (630)
(0,3) 1384 1378 E6 (1411) N3 (1270)
(1,0) – 14 E1 (31)
(1,1) 236 245 E3 (278)
(1,2) 687 705 E5 (805)
(1,3) 1366 1392 E6 (1411)
(2,0) 60 61 •
(2,1) 405 406 •
(2,2) 963 972 –
(3,0) 140 141 –
(3,1) 607 609 –
(3,2) 1278 1288 •

Table 7.4: Modal frequency comparison.

shown in Fig. (7.7(a)), for example, does not. First of all, reviewing the first two columns of Table

7.4 we see that the analytical results compare extremely well with the eigenfrequency numerical anal-

ysis. Looking at the mode shapes in Table 7.5 we see the azimuthal and radial mode shapes and their

combinations providing us with a valuable understanding of the vibration of the plate-type acoustic

valve. By comparing these frequencies with those of the non-Helmholtz frequency peaks to be found

in the experimental and frequency domain numerical results in Fig. (7.7), we can verify that these are

indeed due to excited natural vibrations in the plate-type acoustic valve as postulated.

Referring to Fig. (7.7(a)) initially, it seems clear that the peaks to be found in frequency ranges N1,

N2 and N3 correspond to A(m,n) = A(0,1),A(0,2),A(0,3), being radial modes with no azimuthal modes

present. When these frequencies are entered into column four in Table 7.4, we see that, although

the frequencies themselves aren’t exactly precise, the difference can be explained by the fact that the

analysis was performed in air and not a vacuum, that the full impedance tube assembly including

mounting plate, tube and back cavity were included in the model and also by the issues related to

uncertain material properties.

Referring now to Fig. (7.7(b)), we conclude that the many additional non-Helmholtz frequency

peaks can be attributed to plate-type acoustic valve natural frequencies being excited by the white

noise in the impedance tube. Not all theoretical modes are easily identifiable in the experimental

data and their amplitude response varies both as a function of frequency and cavity depth, but it is

possible to make reasonable assumptions concerning many of the modes. Frequency ranges E1-E6
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contain cavity depth independent absorption peaks which do correspond reasonably with theoretically

predicted vibrational modes. This can be seen in Table 7.4 in column four where E1-E6 have been

entered. Experimental peaks with low amplitude have also been represented but with a bullet point

in the table, indicating that these modes seem to have been experimentally excited but with a low

amplitude response. Once again, where frequencies are lower than those derived in a vacuum, the

added mass effect of the air can be used as an explanation [117, 146–154].

The analysis in Tables 7.4 and 7.5 allows us to explain the presence of the additional peaks in Fig.

(7.7) and to visualise them.
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m ⇓� n⇒ 0 1 2 3

0
((a)) 44 Hz ((b)) 242 Hz ((c)) 698 Hz ((d)) 1378 Hz

1
((e)) 14 Hz ((f)) 245 Hz ((g)) 705 Hz ((h)) 1392 Hz

2
((i)) 61 Hz ((j)) 406 Hz ((k)) 972 Hz ((l)) 1765 Hz

3
((m)) 141 Hz ((n)) 609 Hz ((o)) 1288 Hz ((p)) 2194 Hz

4
((q)) 248 Hz ((r)) 845 Hz ((s)) 1638 Hz ((t)) 2656 Hz

Table 7.5: Eigenfrequencies and corresponding mode shape from 2D axis-symmetric numerical
model for the centrally fixed free edge circular plate: Eigenfrequency Analysis.

7.3 Particle Velocity in Plate-type Acoustic Valve Neck/Gap

The particle velocity profile in the air gap between the mounting plate and plate-type acoustic valve

(neck of the Helmholtz resonator) was calculated using the frequency domain numerical model for

the 40 mm depth cavity and the results are shown in Fig. (7.9). The three radial mode peaks A(m,n) =

A(0,1),A(0,2),A(0,3) and the Helmholtz resonance peak were examined for the fitted numerical case in
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Fig. (7.8). A viscous boundary layer formation can be observed in each of the plots. Figure (7.9(b))

shows the velocity profile for the Helmholtz resonance and not only does it have the highest particle

velocity but it is also the only frequency for which uniform velocity along the full length of the neck is

found. This can be expected as a Helmholtz resonance is the result of a compressibility effect with the

entire slug of air in the neck oscillating harmonically. The maximum point velocity in Fig. (7.9(a)) is

also high but as it is not as distributed as that for the Helmholtz resonance case, it makes sense that

its peak in Fig. (7.8) is not as high. The velocity distribution for the three radial modes, unlike that

for the Helmholtz resonance frequency, Fig. (7.9(b)), is not uniform, presumably being influenced

by the fluctuation of the flexible plate-type acoustic valve. The displacement and velocity amplitudes

from the 2D numerical model at an arbitrary edge point of the plate-type acoustic valve can be seen

in Fig. (7.10) and Fig. (7.11), respectively. The clear resonances at 212 Hz, 735 Hz, and 1465 Hz

denote the structural resonance peaks of the plate-type acoustic valve. It is also worth noting that at

the Helmholtz resonance position of 430 Hz, the displacement and velocity amplitudes remain low,

providing validation for these resonance peaks associated with the structural resonance.
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(a) Total acoustic velocity at 212 Hz

(b) Total acoustic velocity at 430 Hz

(c) Total acoustic velocity at 735 Hz

(d) Total acoustic velocity at 1465 Hz

Figure 7.9: The distribution of the particle velocity from the 2D axisymmetric FEM simulation.
Viscous boundary layer formation can be seen inside the airgap between the mounting plate and
plate-type acoustic valve (Excitation level = 94 dB).
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Figure 7.10: Displacement amplitude at the edge point of plate-type acoustic valve concerning the
Absorption coefficient in the 2D numerical model.
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Figure 7.11: Velocity Magnitude at the edge point of plate-type acoustic valve concerning the Ab-
sorption coefficient in the 2D numerical model.
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7.4 Structural-Helmholtz Resonance Coincidence.

In Fig. (7.7) we observed that, as with micro-perforated panel absorbers, there is not only a decrease

in the frequency of the Helmholtz resonance with increasing cavity depth but also a decrease in the

magnitude of absorption. As has been noted, for the experimental results, the decrease in amplitude

does not monotonically decrease with frequency. Given that there are additional vibrational modes

with significantly high absorption peaks in that frequency range, an investigation was conducted to

determine whether a frequency coincidence between the structural and Helmholtz resonance frequen-

cies could influence the amplitude response.

From observation of Fig. (7.7(b)), there are two dominant structural resonances in the frequency

range between the Helmholtz resonance peaks when the cavity depths are 10 mm and 20 mm, i.e. E4

and E5, which possibly correspond to the A(0,2) and A(1,2) modes. By varying the cavity depth more

precisely, it is possible to adjust the frequency of the Helmholtz resonance peak so that it coincides

with one of these structural resonance frequencies.

In Fig. (7.12) we see the result of the investigation. By using Eq. (7.1), it is possible to predict

the Helmholtz resonance frequency as a function of cavity depth. Fig. (7.12) shows the result for

three cavity depths between 10 mm and 20 mm i.e. at 12 mm, 13 mm and 14 mm. The 14 mm cavity

depth aligns the Helmholtz frequency well with the A(0,2) mode and results in near-perfect absorption

(α = 0.995) at the coincident frequency. Similarly, the 12 mm cavity aligns, perhaps not quite as

well, the Helmholtz resonance with the A(1,2) mode resulting in a very high absorption coefficient

(α = 0.97) and certainly higher than that of the original 10 mm cavity depth. The 13 mm cavity depth

locates the Helmholtz resonance in between the two structural resonances and it can be seen that it and

the structural resonance magnitudes are all higher than when the cavity depth is 20 mm, for example.

It should be noted that under normal incidence, the plate experiences no flexural deformation [155].

Since the A(1,2) mode is a higher-order mode, it typically remains dormant under normal incidence

but could be stimulated under oblique incidence or through an oblique mounting of the acoustic plate-

valve. Initially, it can be speculated that E5 does not align with the A(1,2) mode, or there may be an

angled mounting of the acoustic plate-valve. However, a more thorough investigation will be carried

out in Chapter 8 using experimental vibration analysis with laser Doppler vibrometry to validate this

assumption.
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Figure 7.12: Structural-Helmholtz resonance coincidence through varying the cavity depth.

7.5 Effect of Thickness

In the previous section, it was seen that it is possible to attain coincidence by adjusting the cavity

depth so that its Helmholtz frequency changes to that of the structural resonance frequency. Sim-

ilarly, it should be possible to adjust the properties of the plate-type acoustic valve itself so that a

structural eigenfrequency can be changed to match the Helmholtz frequency. We saw in Fig. 7.8 that

changing material properties such as the values of ρ , E, ν and η results in structural resonant mode

alteration without affecting the Helmholtz frequency. A change in the 3D printing filament from PLA

to say ABS would achieve this but in order to minimize the number of parameters changed at any one

time, PLA was maintained and instead, the thickness of the plate-type acoustic valve was increased.

Through observation, it can be seen that by substituting D in Eq. (7.3) into Eq. (7.2), the relationship

between the thickness of the thin circular plate and resonant frequency becomes directly proportional.

It can be seen in Fig. 7.7(b), that the E2 structural resonance frequency for the 40 mm cavity depth

is approximately half that of the 40 mm Helmholtz frequency. Figure 7.13 shows the experimental

impedance tube result for the same design 3D printed plate-type acoustic valve but whose thickness

is now 1 mm. Its absorption coefficient is superimposed on the original 0.52 mm thickness curve.

The result is very satisfactory with the new coincident absorption response at 440 Hz increasing from

(α = 0.79) to (α = 0.97) when the structural resonance is designed to align with the Helmholtz reso-

nance. The cavity depth to wavelength ratio for 440 Hz is 20 demonstrating that deep subwavelength

absorption can be achieved with almost perfect absorption at low frequencies such as this.
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Figure 7.13: Structural-Helmholtz resonance coincidence through varying the plate thickness.

7.6 Summary

This chapter demonstrates the impact of Helmholtz resonance and structural resonance on the ab-

sorption mechanism. The influence of geometric parameters associated with Helmholtz resonance

on absorption performance has been investigated, considering air-gap height (neck size) and cavity

lengths. Additionally, structural resonance has been identified from the absorption curves using thin

plate theory. The presentation includes instances of deep sub-wavelength high absorption achieved

by aligning the Helmholtz resonance and structural resonance at the same or close frequency position,

known as the coincidence effect.
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Chapter 8

Vibration Analysis of Plate-type Acoustic
Valve Resonator
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8.1 THREE-DIMENSIONAL FEM MODEL

In this section, the accuracy of the analytical and numerical models was assessed through experi-

mental acoustic and laser Doppler vibrometer measurements. Acoustic measurements were obtained

using the impedance tube, as presented in Chapter 7, and the experimental vibration analysis was per-

formed using the single-point laser vibrometer (PDV-100). Additionally, a three-dimensional FEM

model of a plate-type acoustic valve resonator for frequency domain analysis and a three-dimensional

FEM model of a plate-type acoustic valve for eigenfrequency analysis have been developed.

8.1 Three-dimensional FEM Model

A three-dimensional FEM numerical model was developed to validate the analytical model of the

plate-type acoustic valve resonator using the commercial software COMSOL Multiphysics version

6.0. Figure (8.1) illustrates the conversion procedure from the 2D model to the 3D model. The

complete 3D model comprises two cylindrical volumes representing the impedance tube and backing

cavity, separated by the plate-type acoustic valve sample. The vibroacoustic behaviour of the plate-

type acoustic valve resonator under normal incidence is examined using both the acoustics module

and structural mechanics module in the frequency domain, following a similar approach as outlined

in Section 6.1.

User-defined meshing was applied to the geometry by setting the maximum element size as

c0/(12 ∗ fmax), where fmax represents the maximum frequency of interest. To account for changes

in thermo-viscous conduction, four boundary layers were added along the air gap’s wall between the

plate-type acoustic valve and the mounting plate. The complete mesh comprises 105,464 domain

elements, 14,406 boundary elements, and 736 edge elements.

The average simulation time for frequency domain analysis on a workstation, equipped with 8-

core 2.40 GHz processors and 64 GB RAM, was 41 hours, 43 minutes, and 6 seconds.

To numerically determine the natural frequencies of the plate-type acoustic valve, a 3D FEM

model was developed using the COMSOL Structural Mechanics module. The model employed a

physics-controlled mesh with a normal element size. Achieving the desired 12 eigenfrequencies

around 50Hz required a simulation run time of 24s on the same workstation used for frequency

domain analysis.

Eigenfrequencies and their corresponding mode shapes were obtained through eigenfrequency

analysis. Figure (3.1) illustrates the developed FEM model of the plate-type acoustic valve, while

Figure (8.2) provides a view of the model during eigenfrequency analysis. The modelling parameters

and material properties for the plate-type acoustic valve are detailed in Table 3.1.
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Total Acoustic 
Pressure (Pa)

455 Hz

Figure 8.1: Conversion steps from 2D to 3D numerical model (vibroacoustic simulation) for plate-
type acoustic valve resonator using frequency domain analysis.

Figure 8.2: 3D FEM model of plate-type acoustic valve for eigenfrequency analysis. The small
central circular portion is clamped with fixed constraints.

8.2 Results & Discussions

Figure (8.3) displays the absorption coefficient of the plate-type acoustic valve resonator with lcav=

40 mm from both 2D and 3D numerical simulations, without incorporating any damping in the nu-

merical models. Notably, the 3D result exhibits more absorption peaks compared to the 2D result,

confirming predictions made in Section 7. The inclusion of both radial and azimuthal modes in the

3D model results in more visible structural resonance peaks, as opposed to the 2D axis-symmetric

modes, which only provide radial modes (m=0).

Figure (8.4) presents a comparison between the experimental absorption coefficient and the ve-

locity profile (for the edge point 24 on the plate-type acoustic valve) obtained from acoustic and

vibration measurements, respectively. From the measured velocity profile, one can observe two dis-
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Figure 8.3: Absorption coefficient for lcav= 40 mm cavity depth from experiment, 2D and 3D numer-
ical simulation (without damping).

tinct resonance peaks at 227 Hz and 385 Hz, denoted by the clear resonance peaks in the spectrum.

Additionally, potential resonance peaks are observable at 278 Hz and 722 Hz. In Fig. (8.5), the

absorption coefficient of the plate-type acoustic valve resonator with lcav= 40 mm is shown for both

2D and 3D numerical simulations, with the addition of damping in the form of a structural loss factor

ηm= 0.03 in the numerical models. Most of the azimuthal modes vanish in the 3D results, while

the majority of radial modes are evident in both the 2D and 3D outcomes. Figure (8.6) illustrates

the comparison of the experimental velocity profile at the edge point of the plate-type acoustic valve

with respect to the velocity magnitude in both the 2D and 3D numerical models. Both the 2D and

3D numerical models have successfully predicted resonance peaks corresponding to the experimental

resonance peak ( f01) at 227 Hz. Another resonance peak at 735 Hz from the 2D model and 902 Hz

from the 3D model corresponds to the experimental resonance peak ( f02) at 722 Hz. Evidently, the

3D outcome seems to be missing a particular radial mode, namely (0,3). This absence is attributed to

the use of fitted material properties from the 2D model for the 3D-printed plate-type acoustic valve.

It is anticipated that employing different fitted material properties may reveal the missing radial mode

(0,3) within the desired frequency range.

A parametric analysis was conducted, focusing on material properties to align the experimental

resonance peak f01 in the absorption curve with a 3D numerical resonance peak.

Firstly, Young’s modulus (Em) of the plate-type acoustic valve material was considered, and the

corresponding absorption coefficient is depicted in Fig. (8.7). Subsequently, using Em= 3.5 GPa, a
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Figure 8.4: Experimental absorption coefficient and velocity profile from acoustic measurements and
laser Doppler vibrometer measurements, respectively.

structural loss factor (ηm) was introduced for parametric analysis. Figure (8.8) illustrates the absorp-

tion coefficient with different structural loss factors. Notably, the frequency position of the numerical

resonance peak at f01= 227 Hz perfectly aligns with the experimental resonance peak. While res-

onance peaks for f02 and f03 can be identified in Fig. (8.9), they do not match perfectly, with a

relative difference less than 10%. These discrepancies are attributed to variations in printed material

properties.

It’s worth noting that structural loss factors exhibit frequency dependency, as confirmed by exper-

imental results (see Section 8.4). The parametric analysis using Young’s modulus and structural loss

factor revealed that Young’s modulus influences the frequency position of the structural resonance

peak, while the structural loss factor affects the amplitude. In a recent study conducted by Neubauer

et al. [96], it is demonstrated that Young’s modulus and the structural loss factor of a material are

interconnected.

The linear regression technique with a polynomial basis function has been employed to approxi-

mate the numerical correlation between Young’s modulus and the structural loss factor as [95] [96]:

ηm = 0.0335 ·E−0.633
m where Em in GPa (8.1)

Hence, any change in Em and ηm will result in a change in frequency position and amplitude of the

resonance peak.
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Figure 8.5: Absorption coefficient for lcav= 40 mm cavity depth from experiment, 2D and 3D numer-
ical simulation (with damping factor η=0.03).
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Figure 8.6: Comparison between experimental and 2d-3D numerical velocity profile.
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Figure 8.7: 3D Numerical simulation using parametric analysis varying Young’s modulus (Em) of the
material.
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Figure 8.8: 3D Numerical simulation using parametric analysis varying structural loss factor (ηm) of
the material.
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Figure 8.9: 3D Numerical vibrational modes for plate-type acoustic valve in presence of acoustic
cavity with structural damping (loss factor ηm=0.005). Also, coupled mode can be seen at 280 Hz
and 1598 Hz.
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8.3 Experimental Structural Resonance Modes

In this section, numerical structural resonance modes are investigated in comparison to both ex-

perimental acoustic measurements and LDV measurements. The eigenfrequencies of the plate-type

acoustic valve, along with their corresponding mode shapes from the 3D FEM model, are tabulated in

Table 8.1. A comparison with the eigenfrequencies from the 2D model is presented in Table 8.4. Fig-

ure (8.3) illustrates the absorption peaks and corresponding structural mode shapes of the plate-type

acoustic valve without structural damping in the presence of the cavity behind it. It is evident that

both radial and azimuthal modes are present, contributing to higher or lower absorption peaks. The

assumption was made that while radial modes (m = 0) result in higher absorption peaks, azimuthal

modes (m≥ 1) mainly contribute to very small absorption peaks. This validates the assumption made

by Hossain and Bennett [156], as the 2D fully coupled vibroacoustic FEM model in the frequency

domain only includes radial modes of vibration. Figure (8.9) presents the absorption peaks and corre-

sponding structural mode shapes of the plate-type acoustic valve with structural damping in the form

of a loss factor ηm=0.005 in the presence of the acoustic cavity. Notably, all azimuthal modes have

disappeared from the absorption curve. The observation from these two plots leads to the conclusion

that the absorption performance of the plate-type acoustic valve is primarily dominated by the radial

modes of vibration.

From the experimental absorption coefficient curve, structural resonance peaks are identified at

fmn = 14 Hz, 31 Hz, 224 Hz, 278 Hz, 383 Hz, 717 Hz, 805 Hz, 1411 Hz, and 1579 Hz. To validate and

explore the mode shapes corresponding to these resonance frequencies, experimental modal analysis

was conducted using a single-point laser vibrometer.

For resonance mode identification, 12 points were selected along the diameter of the plate-type

acoustic valve, with 6 points along each radius, separated by the fixed centre. These points were

chosen for their ability to capture multiple peaks and troughs, providing insight into all resonance

modes within the frequency of interest. Figures (8.10) and (8.11) display the real and imaginary parts

of the Frequency Response Functions (FRFs) corresponding to 6 scanning points from 19 to 24 along

the radius of the plate-type acoustic valve, respectively. Figure (8.12) illustrates the corresponding

coherence functions for each FRF. Similarly, Figures (8.13) and (8.14) exhibit the real and imaginary

parts of the FRFs, respectively for another set of 6 scanning points from 43 to 48 along the radius

of the plate-type acoustic valve. Figure (8.15) illustrates the corresponding coherence functions for

each FRF. Additionally, Figures (8.16) and (8.17) display the magnitude and phase plots of the FRFs

corresponding to 6 scanning points from 19 to 24 along the radius of the plate-type acoustic valve,
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8.3 EXPERIMENTAL STRUCTURAL RESONANCE MODES
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8.3 EXPERIMENTAL STRUCTURAL RESONANCE MODES

m ⇓� n⇒ 0 1 2 3

0
((a)) 44 Hz ((b)) 256 Hz ((c)) 746 Hz ((d)) 1479 Hz

1
((e)) 30 Hz ((f)) 281 Hz ((g)) 790 Hz ((h)) 1543 Hz

2
((i)) 61 Hz ((j)) 408 Hz ((k)) 982 Hz ((l)) 1790 Hz

3
((m)) 141 Hz ((n)) 609 Hz ((o)) 1288 Hz ((p)) 2224 Hz

4
((q)) 247 Hz ((r)) 844 Hz ((s)) 1653 Hz ((t)) 2698 Hz

Table 8.1: Eigenfrequencies and corresponding mode shape from 3D numerical model: Eigenfre-
quency Analysis.

respectively. Similarly, Figures (8.18) and (8.19) display the magnitude and phase plots of the FRFs

corresponding to another set of 6 scanning points from 43 to 48 along the radius of the plate-type

acoustic valve, respectively.
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8.3 EXPERIMENTAL STRUCTURAL RESONANCE MODES

Figure 8.20: Section view of experimental measurements with LDV(Considering the scanning points
19–24) (left) and numerical (right) mode shapes for the plate-type acoustic valve in the presence of
an acoustic cavity.

8.3.1 Identifying the radial modes (0,n)

Initially, the radial modes (0,n) were examined using laser vibrometer measurements within the fre-

quency range of interest. Fig. (8.20) presents the experimental and 2D numerical mode shapes and

resonant frequencies of the plate-type acoustic valve interacting with the air cavity, considering 6

scanning points from 19 to 24 along the radius.

From these scanning points, the experimental resonance frequencies are identified as f0n= 29 Hz,

227 Hz, 800 Hz, and 1589 Hz. Similarly, for the 6 scanning points from 43 to 48, the experimental

resonance frequencies are identified as f0n= 36 Hz, 224 Hz, 722 Hz, and 1501 Hz. A comparison of

the obtained experimental results from different scanning lines is tabulated in Table 8.2. Significant

differences are observed for the resonance frequencies f00 and f02, while the differences for f01 and

f03 are less than 6%. The variations in resonance frequencies between the two scanning lines can be

attributed to geometric variations, considering the non-uniform thickness of the 3D printed plate-type

acoustic valve.

From the 3D FEM model, the corresponding natural frequencies under vacuum are f00= 44 Hz,

f01= 256 Hz, f02= 746 Hz, and f03= 1479 Hz. It’s worth noting that the shift in resonance frequency

position can be explained as a result of fluid-structure interaction, as mentioned in Section 3.3.3.
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8.3 EXPERIMENTAL STRUCTURAL RESONANCE MODES

Mode fmn [Hz] fmn [Hz] % Difference
(m,n) (Point 19–24) (Point 43–48) (∆ fmn)
(0,0) 29 36 21.5385
(0,1) 227 224 1.33038
(0,2) 800 722 10.2497
(0,3) 1589 1501 5.69579

Table 8.2: Experimental radial modes and corresponding resonance frequencies using different scan-
ning points.

8.3.2 Identifying the azimuthal modes (m,n) and m 6= 0

Since all the radial modes are identified from the acoustic absorption curve with laser measurements,

the rest of them can be assumed as azimuthal modes. From the experimental absorption coefficient

curve, the structural resonance peaks with azimuthal modes can be identified as fmn= 14, 278 Hz, 383

Hz. The resonance frequency of 14 Hz could not be identified as FRFs in selected scanning points

do not show any recognizable vibrational mode below 29 Hz. Azimuthal modes are not symmetric

modes. To identify them correctly we need to consider another line with scanning points along the

diameter of the plate-type acoustic valve. Two lines along the radius with scanning points 7 to 12

and 31 to 36 have been selected. Figure (8.21) shows the azimuthal mode shapes in the presence of

the acoustic cavity and identified as (1,1) and (2,1) vibrational modes for the resonance frequencies

of f11= 280 Hz and f21= 385 Hz. From the 3D FEM model, the corresponding natural frequencies

under vacuum are f11= 281 Hz, f21= 408 Hz respectively. Comparison between the experimentally

obtained azimuthal modes and 3D numerical azimuthal modes has been tabulated in Table 8.3. The

relative difference in resonance frequencies using different experimental methods and 3D numerical

simulation are very small. Again, the shift in resonance frequency position can be explained as a

result of fluid-structure interaction as mentioned in Section 3.3.3.

The fairly good agreement between experimental modal analysis and the 3D numerical model

has been demonstrated, successfully identifying the vibrational modes experimentally. Structural

resonance frequencies at 717 Hz and 805 Hz were identified as the same in the experimental mea-

surements, referred to as ’twin modes or frequencies’ [157]. The occurrence of these twin modes in

experiments is attributed to the anisotropy [158] of the 3D printed samples, which may result from

non-uniform geometric parameters or variations in material properties. Similarly, twin frequencies

are observed at 1411 Hz and 1579 Hz.

Although fitting properties for the absorption performance of the plate-type acoustic valve res-

onator were obtained using the ’trial and error’ method, better fitting properties can be achieved using
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8.3 EXPERIMENTAL STRUCTURAL RESONANCE MODES

Figure 8.21: Experimental azimuthal mode shapes for (1,1) and (2,1) vibrational modes. Corre-
sponding resonance frequencies are f11= 280 Hz and f21= 385 Hz. a) Vibrational mode shape for
resonance frequency f11= 280 Hz a1) Mode shape along the points 43-48 and 19-24 a2) Mode shape
along the points 7-12 and 31-36. b) Vibrational mode shape for resonance frequency f21= 385 Hz b1)
Mode shape along the points 43-48 and 19-24 b2) Mode shape along the points 7-12 and 31-36.

Mode fmn [Hz] fmn [Hz] fmn [Hz]
(m,n) (Acoustic) (Laser) (3D FEM)
(1,1) 278 Hz 280 281
(2,1) 383 385 408

Table 8.3: Comparison between experimental and numerical azimuthal modes.

the optimization module in COMSOL. By manipulating the structural resonance and Helmholtz res-

onance, it is possible to achieve maximum absorption in broadband low-frequency applications by

optimizing the design parameters and material properties.
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8.4 MEASURED STRUCTURAL LOSS FACTOR

8.4 Measured Structural Loss Factor

The experimental structural loss factor has been obtained using the half-power bandwidth method

based on the magnitude curve of the frequency-response functions. For each resonance mode and the

damping ratio ξ << 1, the material damping can be written as in the form of loss factor (ηm):

ηm =
1
Q

= 2ξ =
∆ f
fr

where, ∆ f = fU − fL, fr is the resonance frequency of the mode and ∆ f is the half-power bandwidth

of the mode (the -3 dB points) which is defined as the width of the FRF amplitude curve when

the amplitude is 0.707 ( 1√
2
) times of the peak amplitude (Amax), fU and fL are the upper and lower

frequencies at the corresponding value of the Amax/
√

2 respectively, Q is the quality factor.

Considering the FRF from the scanning point 47, for fr,01= 224 Hz, the loss factor evaluated

from the laser vibrometer measurements: ηm,01=0.0366 which is very close to the value ηm=0.03

used for initial numerical simulation. For fr,02= 800 Hz, the loss factor evaluated from the laser

vibrometer measurements: ηm,02=0.004027 and for fr,03= 1589 Hz, the loss factor evaluated from

the laser vibrometer measurements: ηm,03=0.00495 which are relatively closer to the numerical loss

factor ηm=0.005.

Considering the FRF from the scanning point 21, for fr,02= 227 Hz, the loss factor deduced from

the laser vibrometer measurements: ηm,02=0.033 which is also very close to the value ηm=0.03 used

for initial numerical simulation.

8.5 Summary

A detailed theoretical and experimental analysis of the structural resonance of plate-type acoustic

valve resonators is presented in this chapter. The theoretical analysis encompasses analytical mod-

elling using thin plate theory with relevant boundary conditions and numerical simulations with a 3D

FEM model. The experimental analysis incorporates both acoustic and laser vibrometer measure-

ments. Comparative studies involving analytical, numerical (2D and 3D), and experimental results

showcase strong agreement. Vibrational modes and modal shapes are obtained and compared in the

presence and absence of fluid-structure interaction. Furthermore, the absorption performance, con-

cerning material properties such as Young’s modulus and loss factor of the plate-type acoustic valve

resonator, has been thoroughly investigated.
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Chapter 9

Conclusions and Future
Recommendations
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The current research presents work to date on a novel acoustic resonator that minimizes reflections

from the walls of an enclosed space and thus absorbs sound. The technology employs the original

idea of a flexible plate valve applied to acoustics. Inspired by off-the-shelf elastomeric fluidic one-

way valves, plate-type acoustic valves were 3D printed in PLA to have a large diameter. The research

demonstrates that the technology combines a Helmholtz resonator with structural vibrations in the

plate which themselves result in sound absorption for this small gap/air cavity configuration. It was

shown that parameters such as the air cavity depth or the material properties of the plate-valve plate

can be tailored at any required frequency so that resonant coincidence can be attained which can

result in near-perfect absorption (e.g. α = 0.995) which is greater than could be achieved by the

Helmholtz resonator itself. Given that the thickness of the plate-type acoustic valve plus the depth

of the cavity can be a very small percentage of the acoustic wavelength that it is absorbing, deep

subwavelength ratio absorbers can be designed, e.g. a ratio of up to 58 was achieved in this study.

The technology presents the possibility for innovative acoustic absorbers for low-frequency noise

attenuation in a thin profile. A FEM-based frequency domain modelling approach for the plate-type

acoustic valve has been validated to predict acoustic performance. A simple 2D axisymmetric model

has been implemented to reduce computational complexity and costs. The frequency domain model

was compared with experimental results and demonstrated strong agreement. An analytical model

of the plate dynamics and a numerical eigenfrequency analysis allowed the natural frequencies to be

calculated and the latter allowed for a visualization of the mode shapes.

The effect of structural resonance in acoustic absorption has been investigated experimentally for

the plate-type acoustic valve resonator using the single-point laser vibrometer. Most of the vibrational

mode shapes (radial modes and azimuthal modes) and corresponding resonance peaks (resonance

frequency positions) in the absorption curves have been identified successfully. The identified radial

modes are (0,0)-(0,3) and azimuthal modes are (1,1) and (1,2). Investigating the absorption curves

and vibrational mode shapes, it can be stated that the absorption performance is dominated by the

radial modes. 3D scanning laser vibrometer would be a good choice for better visualization of the

modal shapes.

The 3D FEM numerical model has been provided with the validation that only the 3D model in-

cludes both radial and azimuthal modes of the vibration which was assumed in the previous studies.

Both radial and azimuthal modes have been identified from the 3D numerical model without includ-

ing the damping. 3D numerical model including the damping, mostly includes the radial modes. The

proper choice of a structural loss factor (ηm=0.005 has been used) should contain both radial and
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azimuthal modes in the absorption curves. The optimization module from COMSOL contains the

optimization of the parameters and parameter estimation according to the experimental results. Al-

though, they are computationally demanding and require a significant amount of computational time

and cost (e.g. for a single frequency simulation with optimizing 4 parameters it requires a simula-

tion time of 35 hrs 33 mins 48s). In that case, better numerical data can be obtained for optimizing

the design and material properties of plate-type acoustic valve resonators using High-Performance

Computing (HPC) facilities.

For further investigation, a narrow region acoustics interface can be utilized in both the 2D and

3D models instead of the computationally intensive thermoviscous acoustics interface. Although

the thermoviscous boundary layer impedance doesn’t provide a reliable prediction alone, it would

be interesting to investigate combining it with the narrow region acoustics to include losses in the

boundary wall of the impedance tube.

In numerous practical applications, absorbing materials face incoming waves arriving from angles

that aren’t perpendicular to the surface, including various room acoustic scenarios. Despite demon-

strations in published works showcasing the potential of periodically arranged resonators as acoustic

absorbing materials, their characterization typically relies on assessing the normal incidence absorp-

tion coefficient. However, as highlighted in the research conducted by Gao et al. [159], alterations

in the angle of incidence can bring about changes not only in the absorption coefficient concern-

ing different frequencies but also impact the frequency range where these materials exhibit superior

absorption characteristics. Hence, there’s a crucial necessity to delve into the behaviour of these pe-

riodic surfaces when subjected to oblique incidence angles. Understanding the absorption properties

under oblique incidence becomes pivotal in leveraging these materials more effectively in real-world

scenarios, enabling a deeper comprehension of their performance when encountering waves at non-

normal angles. Further research involving varying angles of incidence, both in experimental and

theoretical investigations, will notably bolster the practical application of plate-type acoustic valve

resonators across diverse scenarios. This emphasis on exploring different angles becomes especially

crucial in contexts where waves approach surfaces at different angles, such as in room acoustics. The

findings will significantly enhance the understanding and utilization of these resonators in various

applications.
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[4] Daniel Torrent and José Sánchez-Dehesa. Acoustic cloaking in two dimensions: a feasible

approach. New Journal of Physics, 10(6):063015, 2008.

[5] Jun Mei, Guancong Ma, Min Yang, Zhiyu Yang, Weijia Wen, and Ping Sheng. Dark acoustic

metamaterials as super absorbers for low-frequency sound. Nature communications, 3(1):1–7,

2012.

[6] Yong Li and Badreddine M Assouar. Acoustic metasurface-based perfect absorber with deep

subwavelength thickness. Applied Physics Letters, 108(6), 2016.

[7] Krupali Donda, Yifan Zhu, Shi-Wang Fan, Liyun Cao, Yong Li, and Badreddine Assouar.

Extreme low-frequency ultrathin acoustic absorbing metasurface. Applied Physics Letters, 115

(17):173506, 2019.

133 133

https://www.mdpi.com/2076-3417/9/11/2224
https://www.mdpi.com/2076-3417/9/11/2224
https://linkinghub.elsevier.com/retrieve/pii/S0376042119300338
https://linkinghub.elsevier.com/retrieve/pii/S0376042119300338


BIBLIOGRAPHY

[8] Yifan Zhu, Krupali Donda, Shiwang Fan, Liyun Cao, and Badreddine Assouar. Broadband

ultra-thin acoustic metasurface absorber with coiled structure. Applied Physics Express, 12

(11):114002, 2019.

[9] YY Lee, EWM Lee, and CF Ng. Sound absorption of a finite flexible micro-perforated panel

backed by an air cavity. Journal of Sound and Vibration, 287(1-2):227–243, 2005.

[10] Chunqi Wang, Li Cheng, Jie Pan, and Ganghua Yu. Sound absorption of a micro-perforated

panel backed by an irregular-shaped cavity. The Journal of the Acoustical Society of America,

127(1):238–246, 2010.

[11] Muttalip Aşkın Temiz, Jonathan Tournadre, Ines Lopez Arteaga, and Avraham Hirschberg.

Modelling vibro-acoustic coupling in flexible micro-perforated plates by a patch-impedance

approach. Applied Acoustics, 125:80–90, 2017.

[12] Emile Martincic, Alexandre Houdouin, Stéphane Durand, Nourdin Yaakoubi, Elie Lefeuvre,

and Yves Auregan. Acoustic absorber, acoustic wall and method for design and production,

November 12 2019. US Patent 10,477,302.

[13] Andrew McKay, Ian Davis, Jack Killeen, and Gareth J. Bennett. Semsa: a compact super

absorber optimised for broadband, low-frequency noise attenuation. Scientific Reports, 10(1):

17967, 2020. ISSN 2045-2322. URL https://doi.org/10.1038/s41598-020-73933-0.

[14] Ian Davis, Andrew McKay, and Gareth J. Bennett. A graph-theory approach to optimisation

of an acoustic absorber targeting a specific noise spectrum that approaches the causal optimum

minimum depth. Journal of Sound and Vibration, 505:116135, 2021. ISSN 0022-460X. URL

https://doi.org/10.1016/j.jsv.2021.116135.

[15] Killeen, Jack, Davis, Ian, Wang, Jiayu, and Bennett, Gareth J. Fan-noise reduction of data-

center telecommunications server racks, with an acoustic metamaterial broadband, low fre-

quency sound absorbing liner (To appear). Applied Acoustics, 2022.

[16] Jiayu Wang and Gareth J. Bennett. Multi-chamber micro-perforated panel absorbers op-

timised for high amplitude broadband absorption using a two-point impedance method.

Journal of Sound and Vibration, 547:117527, March 2023. ISSN 0022460X. doi:

10.1016/j.jsv.2022.117527. URL https://linkinghub.elsevier.com/retrieve/pii/

S0022460X22007106.

134

https://doi.org/10.1038/s41598-020-73933-0
https://doi.org/10.1016/j.jsv.2021.116135
https://linkinghub.elsevier.com/retrieve/pii/S0022460X22007106
https://linkinghub.elsevier.com/retrieve/pii/S0022460X22007106


BIBLIOGRAPHY
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ABSTRACT
An acoustic plate-valve resonator is developed and optimized to maximize absorption by enhancing the Helmholtz resonance with coincident
structural vibrations of the plate-valve. The current research initially examines the concept experimentally with a 3D printed valve. Then with
the use of analytical and numerical modeling, a structural analysis is performed, which allows the eigenmodes and eigenfrequencies of the
plate-valve to be determined. When the resonator properties are modified by changing either the depth of the backing cavity or the thickness
of the plate-valve, the system can be designed in such a way that the Helmholtz resonance can be coincident with a particular eigenfrequency,
leading to absorption higher than that achieved in the absence of such a flexible plate-valve. In addition, absorption also occurs at frequencies
other than the Helmholtz frequency due to the vibration of the plate at additional eigenfrequencies. Both of these aspects of the technology
advance the state-of-the-art in Helmholtz resonator design. Good agreement has been found between the modeling and experimental results.
Near-perfect absorption was achieved experimentally, e.g., up to α = 0.995 below 1 kHz; in addition, given that the thickness of the tech-
nology can be a very small percentage of the acoustic wavelength that it is absorbing, deep sub-wavelength ratio absorbers can be designed,
e.g., a ratio of up to 58 was achieved in this study with a 5 mm deep technology at 1.18 kHz.

© 2023 Author(s). All article content, except where otherwise noted, is licensed under a Creative Commons Attribution (CC BY) license
(http://creativecommons.org/licenses/by/4.0/). https://doi.org/10.1063/5.0142908

I. INTRODUCTION

Noise is an alarming concern due to its harmful effects on the
environment, health, and the quality of human life. Growing urban
population leads to growth in the construction of buildings and pri-
vate or public transportation systems. The aviation industry has also
seen dramatic growth over the last 20 years, with passenger num-
bers increasing from 1.5 × 109 in 1998 to 4 × 109 in 2017. People
who live in the vicinity of major airports experience considerable
amounts of sound pollution. Exposure to loud noise increases the
risk of developing several adverse health conditions such as high
blood pressure, hypertension, fatigue, stress, coronary heart diseases,
etc.1 Sleep disturbance due to noise pollution also leads to reduced
work and school performance, hence making it vital to eliminate this
undesired noise.

Traditional natural porous materials such as wool and cot-
ton as well as synthetic glass fiber and melamine foams have been
used for noise reduction for many years. However, these materi-
als are effective only at reducing high-frequency noise at reasonable

thicknesses. According to the mass density law, a thicker porous
material is required to attenuate low-frequency noise. Adding mass
and increasing thicknesses (which can equate to reducing use-
ful space) are to be avoided in the construction of buildings and
factories where people can be exposed to noise. With regard to trans-
portation noise, both weight and space are critical parameters, which
need to be minimized in order to reduce fuel consumption and
the associated environmental cost.2,3 Although composite structures
such as perforated absorbers, acoustic mufflers, double walls with
cladding, etc., have been used in rooms, auditoriums, offices, air-
craft fuselages, cars, trains, etc., to attenuate low-frequency noise, the
attenuation of low-frequency noise in a thin form factor still remains
an intractable challenge.

Since the early 2000s, research in the field of acoustic meta-
materials (AMMs) has expanded considerably with respect to the
application of low-frequency noise reduction. Originating in the
fields of electromagnetics and optics, the extension of research to
acoustic metamaterials has led to this nascent research activity in
acoustics, which has tremendous potential for the development
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of fundamental science and for revolutionary technological break-
throughs. Acoustic metamaterials are artificial structures that are
periodic in nature and that often involve local resonators designed
to resonate at specific frequencies, rendering them, therefore, often
tonal or highly narrow band in nature.

Traditionally, micro-perforated panel absorbers (MPPA) have
been used for broadband sound absorption, but these typically
only work in mid- to high-frequency ranges. Some AMM research
has been reported for low-frequency sound absorption. Mei et al.4
demonstrated a membrane plate system for low-frequency absorp-
tion as low as 164 Hz. Subsequently, Li et al.5 proposed a
metasurface-based structure that can absorb the incident acoustic
energy at a low-frequency of around 125 Hz. Their structures are
composed of a perforated plate and a labyrinthine structure. They
also presented extremely low-frequency absorption (around 50 Hz)
with a multi-coiled metasurface6 and broadband sound absorp-
tion in the frequency ranges of 460–972 Hz and 232–494 Hz with
supercell-based acoustic metasurface coiled absorbers.7 Lee et al.,8
Wang et al.,9 Temiz et al.,10 and Martincic et al.11 studied the
MPP-based low-frequency absorber including the vibro-acoustic
and panel vibration effect of the structure. McKay et al.12 very
successfully developed a novel low-frequency broadband sound
absorber, called a SeMSA, by combining decorated membranes
and micro-perforated plates, and Davis et al.13 used graph theory
based on a two point impedance method to optimize a multi-
chamber SeMSA, which resulted in a very broadband low-frequency
absorption response or even an absorption response tailored for fan
noise. Killeen et al.14 applied the SeMSA to reduce the fan-noise of
data-center telecommunications’ server racks, which is particularly
challenging as it is a grazing acoustic and grazing flow boundary
condition. Wang and Bennett15 applied the two point impedance
method to optimize a multi-chamber MPPA, which has resulted in
a very broadband low frequency absorber.

In the literature, AMMs typically comprised an inhomoge-
neous technology where components are directly connected to one
another. Some exceptions to this are cited here where the motion of
a cantilever beam absorbs sound through the resultant micro-slits.
Farooqui and Aurégan16 and D’elia et al.17 proposed a numerical
and analytical model for a structure composed of a flexible can-
tilever beam producing acoustic micro-slits with a compact cavity
and demonstrating attenuation around 500 Hz with a 3 cm cavity
depth. Aurégan and Farooqui18 developed a sub-wavelength acous-
tic absorber using an MPP-based thin flexible beam with micro-slits
for perfect sound absorption in the mid-frequency range.

In the current work, the concept of an acoustic plate-valve
design has been developed based on the promising preliminary
investigations of off-the-shelf elastomeric valves,19 which are used
as one-way valves in fluidic-control. As is well understood, the stan-
dard Helmholtz resonator consists of a rigid volume with an orifice,
which is stationary. In this work, a Helmholtz resonator has been
developed, which has an unusual plate-valve located at the open-
ing. The plate-valve is flexible with the capacity to vibrate at its
natural frequencies. When the resonator properties are modified by
either changing the depth of the backing cavity or the thickness
of the plate-valve, the system can be designed in such a way that
the Helmholtz resonance can be coincident with a particular eigen-
frequency, leading to absorption higher than that achieved in the
absence of such a flexible plate-valve.

II. ACOUSTIC PLATE-VALVE METAMATERIAL DESIGN
AND FABRICATION

Further to the work of Bennett et al.19 discussed in the intro-
duction, testing has been performed using 3D printed valves similar
to one of the original elastomeric umbrella valves19 but of a much
larger diameter, ϕAPV = 124 mm, with a thickness of tAPV = 0.5 mm,
as shown in Fig. 1. The diameter of 124 mm was chosen to maximize
the size of the plate-valve when measured in a cylindrical impedance
tube of 127 mm diameter, but by allowing for a gap of 1.5 mm
between the outer diameter of the plate-valve and the inner diameter
of the tube, local edge viscous losses are minimized, focusing the
attention of the study on the interaction between the plate-valve and
the mounting plate.

This one-way valve was manufactured with an Ultimaker-3
FDM 3D printer using a print layer resolution of 0.15 mm. The
Ultimaker-3 was chosen as it has two printer heads, which enable
printing with two different materials at the same time. In this case, a
polylactic acid (PLA) was chosen as the main material of the plate-
valve while water-soluble polyvinyl alcohol (PVA) was used as the
support scaffolding. By using a water-soluble PVA, the scaffolding
is more easily and completely removed, resulting in a more accurate
shape and a better surface finish.

Figure 2 shows the one-way valve examined in this current
research along with its mounting plate. The mounting plate was
manufactured using aluminum and is 5.8 mm thick. Similar to the
spacer plates used in the impedance tube, see Fig. 14, it is square,
200 × 200 mm2, and designed to have a sliding fit inside the square
test section. Its hole is designed to provide maximum open area
while allowing an overlap of 8 mm with the plate-valve, see Fig. 1(c).
Due to the need to mount the plate-valve on the plate, two nar-
row ribs are required, so the opening is not complete, see Fig. 2(d).
The plate-valve was designed with a central strut, which allows for a
simple push-and-twist installation process into the mounting plate.
The length of the strut was designed in such a way that the plate-
valve is in contact with the mounting plate around its perimeter once
installed.

FIG. 1. Nominal geometric parameters of the acoustic plate-valve. (a) Plan view.
(b) CAD design. (c) Elevation view.
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FIG. 2. 3D printed acoustic plate-valve sample and the mounting plate. (a) 3D
printed acoustic plate-valve sample. (b) Mounting plate for acoustic plate-valve.
(c) Mounted 3D printed acoustic plate-valve sample (Top view). (d) Mounted 3D
printed acoustic plate-valve smaple (Bottom view)

Although the designed thickness of the valve was 0.5 mm, the
printed sample had a slightly non-uniform thickness over the surface
area. The average thickness was measured to be 0.52 mm using a
micrometer calipers. The value of 0.52 mm was subsequently used
for the numerical and analytical analysis.

III. RESULTS AND DISCUSSION
In this section, analytical, experimental, and numerical results

are presented as a function of the cavity depth, material properties,
and plate thickness.

Figure 3 provides some initial baseline results. The absorption
coefficient was measured experimentally for an empty tube, and then
with the mounting plate installed but without the acoustic plate-
valve, see Fig. 2(b). In both cases, there was a 40 mm cavity depth.
The empty tube, as expected, results in effectively zero absorption
(full reflection), demonstrating the correct functioning of the rig
and methods. The frequency domain numerical solution provides
an identical result, demonstrating the correct functioning of the
numerical model. When the mounting plate is inserted, it results in
non-zero absorption, with the numerical and experimental results in
close agreement. Some losses are assumed to occur due to acoustic
velocity flow around the edges of the mounting plate, but as the value
of absorption is less than 0.1 in the frequency range, it is assumed
from here on that the mounting plate itself has little effect on the
absorption coefficient.

Figure 4 shows the absorption coefficient when the acoustic
plate-valve is inserted with a very shallow 5 mm cavity depth. The
numerical result shows two relatively wideband peaks with very high
absorption coefficients, the first being at 1140 Hz and the second
at 1460 Hz. The experimental result is again in very close agree-
ment with a slight frequency shift at the lower frequency, but also to
be noted are indications of other peaks not found in the numerical
result. This will be discussed further in the paper. A very significant
result for this configuration is that the lower frequency peak has per-
fect absorption experimentally at a cavity depth of only 5 mm. This
means for a frequency of 1184 Hz, which has a wavelength of 0.29 m,
the acoustic plate-valve technology is deeply sub-wavelength with
perfect absorption at a depth-to-wavelength ratio of 58.

Figure 5 shows the comparison of the experimental and numer-
ical absorption coefficients for the acoustic plate-valve with differing
cavity depths: 10, 20, 30, and 40 mm. The absorption coefficient for
the numerical main peaks seems to monotonically decrease whereas
for the experimental results, the absorption coefficient is higher for
the 40 mm cavity depth than for the 30 mm cavity depth. This point
will also be further investigated in the paper. Examining the gen-
eral results for the absorption coefficient for the acoustic plate-valves
now, we see that the results are extremely good, with the numerical

FIG. 3. Absorption coefficient for the
mounting plate only with no acoustic
plate-valve. 40 mm cavity depth.
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FIG. 4. Absorption coefficient for 5 mm
cavity depth.

FIG. 5. Absorption coefficient for 10, 20,
30, and 40 mm cavity depths. Solid line:
experimental. Dotted line: numerical.

and experimental results agreeing well with each other. By increas-
ing the depth of the cavity, lower frequencies can be attenuated, and
although the magnitude of absorption decreases with frequency, it
remains quite high.

A. Helmholtz resonance of the acoustic
plate-valve metasurface

With regard to the frequency at which the main peak occurs in
Fig. 5, there seems to be a non-linear relationship between the depth
and the frequency. This behavior allows us to identify the main peak
as resulting from a Helmholtz resonance. Through observation of
the standard Helmholtz equation,

fHR = c0

2π

√
Sn

LnVc
, (1)

where Ln and Sn are the neck’s effective length and area, respec-
tively, and Vc is the effective cavity volume, we can see that when
the depth of the back-cavity is doubled, the frequency of the main
peak decreases by 1√

2
. The frequencies of peak absorption from the

numerical analysis shown in Fig. 5 are 860, 600, 490, and 430 Hz.
As an example, 600 Hz is very close to 860√

2
, and 430 Hz is very

close to 600√
2

; it is reasonable to deduce that these main peaks result
from a Helmholtz resonance where the neck is the circumferential
gap between the plate-valve and the mounting plate. Unlike typical
Helmholtz resonators, the orifice here is not a single hole whose axis
is parallel to that of the cavity, but rather it is a circular gap whose
axis is perpendicular. In addition, due to the fact that the plate-valve
vibrates, which causes the gap to change over time and is a func-
tion of radius, the geometry of the neck is less straightforward to
determine.

To try and understand the underlying mechanism of Helmholtz
resonance in the acoustic plate-valve configuration, the geometry is
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FIG. 6. Axisymmetric schematic of the acoustic plate-valve and cavity.

TABLE I. Parameters and values of the terms shown in Fig. 6.

Geometric parameter Symbol Value (mm)

Mounting plate hole radius rp 54
Acoustic plate-valve radius rAPV 62
Impedance tube inner radius rtube 63.5
Neck nominal length ln 8
Mounting plate thickness tMP 5.8
Nominal gap hd 0.4
Plate thickness tAPV 0.52
Cavity depth lcav 5–40

examined as shown in Fig. 6, which is considered to be axisymmetric
around its axis at r = 0. This assumption ignores the effect, if any, of
the presence of the mounting plate ribs, as seen in Fig. 2(b). The
definition and value of the terms are provided in Table I.

The nominal neck length is considered to be the overlap of the
plate-valve over the mounting plate, ln, and the volume of the cavity,

Vc, is straightforward to calculate. However, the area of the neck is
complicated by the fact that the radius at the beginning of the neck,
rp, is different from that at its end, rAPV . A reasonable approximation
is to calculate the area as 2πravhd, where rav = (rp + rAPV)/2. Using
these values and the same value for the air gap as used in the numer-
ical analysis (see Appendix A 2), hd = 0.4 mm, the analytical results
calculated using Eq. (1) are compared to those calculated by the
experiments and the numerical analysis and are shown in Table II.
However, it can be seen that the analytical results shown in column
4 underestimate both the experimental and numerical values.

To gain further insight, an additional numerical analysis of the
system was performed, but in this case, the plate valve was held
fixed and rigid and was not allow to vibrate. For the initial analy-
sis, where the same value of the air gap is used for the rigid plate,
hd = 0.4 mm, the Helmholtz frequencies were significantly different.
This highlights the fact that the physics of the systems with flexi-
ble and rigid plates are different. The analysis was then repeated
until a gap was found, which gave the same Helmholtz peak fre-
quencies as for the flexible plate case. These values are tabulated
in column 5 of Table II, and the absorption curve spectra are pro-
vided in Fig. 7. The gap value, which provided the same Helmholtz
peak frequencies, was found to be much greater at hd = 1.3 mm.
The observation here is that a flexible plate valve behaves as a
rigid plate resonator with a larger gap but only from a Helmholtz
frequency perspective. It can be observed that the absorption magni-
tudes of the flexible acoustic plate-valve resonator are greater at the
Helmholtz peak frequencies. In addition, the additional high absorp-
tion peaks seen in Fig. 5 are not present when the plate valve is
rigid. Both of these facts demonstrate the benefit of making the plate
flexible.

Furthermore, the acoustic particle velocity in the vicinity of the
air gap was examined for the rigid plate case. An example of this is
provided in Fig. 8. It is clear in this figure that the viscous bound-
ary layer is not confined to the air gap alone, but, as is commonly
observed in ducts, effects continue into the field at both ends. This
implies that end corrections to the term ln as a function of gap size
must be implemented into the analytical analysis. Once the effective
length of the neck is increased to accommodate for the end correc-
tions, we see in column 6 of Table II that the same peak frequencies
can be correctly modeled.

Further research must be undertaken to determine a means to
estimate the effective average gap, but in this study, it seems clear
that the principal absorption peak that varies with the cavity depth
is due to Helmholtz resonance.

TABLE II. Helmholtz frequencies as a function of backing cavity depths.

Numerical flex. Analytical flex. Numerical rigid Analytical
Cavity depth Experimental flex. (hd = 0.4 mm) (hd = 0.4 mm) (hd = 1.3 mm) rigid end correction
lcav (mm) fHR (Hz) fHR (Hz) fHR (Hz) fHR (Hz) (hd = 1.3 mm)
40 439 430 328 427 432
30 515 490 379 496 499
20 634 600 465 613 611
10 861 860 657 861 864
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FIG. 7. Absorption coefficient for 10, 20, 30, and 40 mm cavity depths. Numerical
solution for a rigid plate that does not vibrate. hd = 1.3 mm.

FIG. 8. Particle velocity in the vicinity of the air gap from a 2D axisymmet-
ric FEM simulation. Numerical solution for a rigid plate that does not vibrate.
lcav = 40 mm; hd = 1.3 mm.

B. Vibrational analysis of the acoustic plate-valve
In Fig. 5, we saw high absorption from the acoustic plate-valve

at the Helmholtz frequency and good agreement between experi-
mental and numerical results in the Helmholtz frequency range for
the 10 and 40 mm cavity depths. There are small discrepancies in
amplitude and frequency for the 20 and 30 mm deep cavities.

In addition to the acoustic plate-valve providing high absorp-
tion at the Helmholtz frequencies, we can also see absorption peaks
at other frequencies. Figure 9 separates out Fig. 5 into the numeri-
cal and experimental results for clarity. In Fig. 9(a), it is clear that
there are three frequency ranges—N1, N2, and N3—where for each
of the cavity depths, there are absorption peaks that do not vary
with depth. These are considered to be associated with structural

FIG. 9. Acoustic plate-valve absorption results as a function of cavity depth. (a)
Numerical results. (b) Experimental results.

vibrational modes of the flexible acoustic plate-valve whose frequen-
cies are more a function of material properties than of cavity depth.
The peaks in the N2 range tend to be masked by the Helmholtz
curves, whereas for the N1 and N3 frequency ranges, the peaks
increase in magnitude as the Helmholtz peaks approach them in
frequency.

In Fig. 9(b), we see that in the experimental results, additional
absorption peaks associated with vibrational modes are present. This
can be explained by the fact that the frequency domain numerical
solution is an axisymmetric analysis, and thus, only radial nodes
for the axisymmetric zeroth azimuthal mode, i.e., A(m,n) = A(0,n),
can be resolved. For the inherently 3D experimental results, as can
be assumed at this point, all vibrational modes can be excited to
different degrees of amplitude response.

It is clear that, while there is a similarity in frequency between
the vibrational peaks in both the experimental and numerical results,
the exact frequencies and amplitudes are not the same. A short study
was conducted, as shown in Fig. 10, where the material properties of
the PLA were altered from the values used. The values of ρ, E, ν, and
η were varied for lcav = 40 mm to ρ = 1240 kg m−3, E = 3.8 × 109 Pa,
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FIG. 10. Comparison of the absorption response when the material properties in
the numerical model are altered. 40 mm cavity depth.

ν = 0.33, and η = 0.03 as opposed to the results shown in
Appendix A 2. Through observation of Fig. 10, it can be seen that
the vibrational peaks are sensitive to these material property para-
meters whereas the Helmholtz frequency remains unchanged. The
frequencies and amplitudes have increased, and a peak at ∼750 Hz
has now appeared where there was none before.

Referring back to Fig. 9, it is plausible to think that the
numerical peaks at N1 correspond to either E2 or E3, those at N2
correspond to either E4 or E5, and those at N3 correspond to E6.

1. Analytical and numerical eigenfrequency analysis
To gain further insight into the nature of the vibrational modes

responsible for these absorption peaks, analytical models from the
literature have been examined. For analytical modeling, the acoustic
plate-valve can be considered as a thin circular plate. The eigenfre-
quencies of a thin circular plate (tAPV ≪ rAPV) are given by Chiang
and Huang20 in the following equation:

fmn = λ2
mn

2πr2
APV

√
D

ρtAPV
, (2)

with

D = Et3
APV

12(1 − ν2) , (3)

where D is the flexural rigidity. The parameter λmn can vary to rep-
resent the eigenvalues of specific particular boundary conditions
(e.g., free, clamped all around, simply supported, centrally clamped
free edge, etc.). The calculated eigenvalues for different boundary
conditions for a thin plate are provided by Timoshenko et al.,21

Southwell,22 and Colwell and Hardy23 and are well documented by
Leissa.24 For example, if we consider the symmetric mode A(m,n)
where m = 0, n = 1,2,3 . . ., and ν = 0.33 for a completely free plate, the
analytical eigenvalues are calculated to be λ0n = 3.014, 6.209, 9.370,
12.53, . . ..24 Table III shows the first four analytical eigenfrequencies
of a completely free thin circular plate.

In addition, a vibrational (eigenfrequency) analysis of the same
free thin circular plate was conducted in COMSOL. The medium is

TABLE III. Eigenfrequencies of a completely free thin circular plate in vacuum.

Analytical
Numerical

eigenfrequency analysis
f0n (Hz) f0n (Hz)

94.4 94.2
400.5 399.9
912 912

1631 1628

vacuum to match that in the analytical model. The numerical and
analytical eigenfrequencies are well matched and validate each other
as models.

For the acoustic plate-valve attached to the experimental rig, it
can be considered as a thin circular plate free at the edge but fixed at
the center. Southwell22 solved the problem with a free circular disk
clamped at the center as an annulus plate free on the outside and
clamped on the inner edge, which is well suited for the current con-
figuration of the acoustic plate-valve. The first column of Table IV
shows the eigenfrequencies (in a vacuum) from the analytical model
of the acoustic plate-valve modeled as a centrally fixed free edge thin
plate.24

The simulated eigenfrequencies and mode shapes of the acous-
tic plate-valve from the COMSOL eigenfrequency analysis are
shown in Table V, and the numerically determined eigenfrequen-
cies are also tabulated in the second column of Table IV. Although
the FEM simulation is based on a 2D axisymmetric model, the
3D mode shapes of the acoustic plate-valve were generated using
post-processing of the 2D results for better visualization. The eigen-
frequency analysis in vacuum for this simplified boundary condition
allows for this 3D prediction, whereas the full frequency domain
COMSOL numerical analysis in Appendix A 2, as shown in Fig. 9(a),
for example, does not. First of all, by reviewing the first two columns
of Table IV, we see that the analytical results compare extremely well
with the eigenfrequency numerical analysis. Looking at the mode
shapes in Table V, we see the azimuthal and radial mode shapes
and their combinations, providing us with a valuable understand-
ing of the vibration of the acoustic plate-valve. By comparing these
frequencies with those of the non-Helmholtz frequency peaks to be
found in the experimental and frequency domain numerical results
in Fig. 9, we can verify that these are indeed due to excited natural
vibrations in the acoustic plate-valve, as postulated.

Referring to Fig. 9(a) initially, it seems clear that the peaks
to be found in frequency ranges N1, N2, and N3 correspond to
A(m,n) = A(0,1), A(0,2), A(0,3), which are radial modes with no azimuthal
modes present. When these frequencies are entered into column
four in Table IV, we see that, although the frequencies themselves
are not exactly precise, the difference can be explained by the fact
that the analysis was performed in air and not vacuum and that the
full impedance tube assembly including the mounting plate, tube,
and back cavity was included in the model and also by the issues
related to uncertain material properties.

Referring now to Fig. 9(b), we conclude that the many addi-
tional non-Helmholtz frequency peaks can be attributed to acoustic
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TABLE IV. Modal frequency comparison.

Fundamental natural frequency fmn (Hz)

Mode (m, n) Analytical
Numerical

(eigenfrequency) Experimental
Numerical

(frequency domain)

(0,0) 43 43 E1
(0,1) 240 242 E2 N1
(0,2) 703 698 E4 N2
(0,3) 1384 1378 E6 N3

(1,0) ⋅ ⋅ ⋅ 14 E1
(1,1) 236 245 E3
(1,2) 687 705 E5
(1,3) 1366 1392 E6

(2,0) 60 61 ●
(2,1) 405 406 ●
(2,2) 963 972 ⋅ ⋅ ⋅
(3,0) 140 141 ⋅ ⋅ ⋅
(3,1) 607 609 ⋅ ⋅ ⋅
(3,2) 1278 1288 ●

plate-valve natural frequencies being excited by the white noise in
the impedance tube. Not all theoretical modes are easily identifi-
able in the experimental data, and their amplitude response varies
both as a function of frequency and cavity depth, but it is possi-
ble to make reasonable assumptions with regard to many of the
modes. Frequency ranges E1-E6 contain cavity depth independent
absorption peaks, which do correspond reasonably with the theoreti-
cally predicted vibrational modes. This can be seen in Table IV in
column four where E1-E6 have been entered. Experimental peaks
with low amplitude have also been represented but with a bul-
let point in the table, indicating that these modes seem to have
been experimentally excited but with a low amplitude response.
Once again, where frequencies are lower than those derived in
vacuum, the added mass effect of the air can be used as an
explanation.25–34

The analysis in Tables IV and V allows us to explain the
presence of the additional peaks in Fig. 9 and to visualize them.

C. Particle velocity in the acoustic
plate-valve neck/gap

The particle velocity profile in the air gap, hd = 0.4 mm,
between the mounting plate and acoustic plate-valve (neck of the
Helmholtz resonator) was calculated using the frequency domain
numerical model for the 40 mm depth cavity, and the results
are shown in Fig. 11. The three radial mode peaks A(m,n) = A(0,1),
A(0,2), A(0,3) and the Helmholtz resonance peak were examined for
the fitted numerical case in Fig. 10. A viscous boundary layer for-
mation can be observed in each of the plots. Figure 11(b) shows the
velocity profile for the Helmholtz resonance, and not only does it
have the highest particle velocity but it is also the only frequency for
which uniform velocity along the full length of the neck is found.
This proves that Helmholtz resonance is the result of the com-
pressibility effect with the entire slug of air in the neck oscillating

harmonically. The maximum point velocity in Fig. 11(a) is also high„
but as it is not as distributed as that for the Helmholtz resonance
case, it makes sense that its peak in Fig. 10 is not that high. The
velocity distribution for the three radial modes, unlike that for the
Helmholtz resonance frequency, shown in Fig. 11(b), is not uni-
form, presumably being influenced by the fluctuation of the flexible
plate-valve.

D. Structural-Helmholtz resonance coincidence
In Fig. 9 we observed that, as with micro-perforated panel

absorbers, there is not only a decrease in the frequency of the
Helmholtz resonance with increasing cavity depth but also a
decrease in the magnitude of absorption. As has been noted, in the
experimental results, the decrease in amplitude does not monotoni-
cally decrease with frequency. Given that there are additional vibra-
tional modes with significantly high absorption peaks in that fre-
quency range, an investigation was conducted to determine whether
a frequency coincidence between the structural and Helmholtz res-
onance frequencies could influence the amplitude response. From
observation of Fig. 9(b), it can be seen that there are two dominant
structural resonances in the frequency range between the Helmholtz
resonance peaks when the cavity depths are 10 and 20 mm, i.e., E4
and E5, which possibly correspond to the A(0,2) and A(1,2) modes.
By varying the cavity depth more precisely, it is possible to adjust
the frequency of the Helmholtz resonance peak so that it coin-
cides with one of these structural resonance frequencies. In Fig. 12,
we see the result of the investigation. By using Eq. (1), it is pos-
sible to predict the Helmholtz resonance frequency as a function
of cavity depth. Figure 12 shows the result for three cavity depths
between 10 and 20 mm, i.e., at 12, 13, and 14 mm. The 14 mm cav-
ity depth aligns the Helmholtz frequency well with the A(0,2) mode
and results in near-perfect absorption (α = 0.995) at the coincident
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TABLE V. Eigenfrequencies and the corresponding mode shape from the 2D axis-symmetric numerical model for the centrally fixed free edge circular plate: eigenfrequency
analysis.

m ⇓Ó n⇒ 0 1 2 3

0

1

2

3

4

frequency. Similarly, the 12 mm cavity aligns the Helmholtz reso-
nance, perhaps, not quite as well with the A(1,2) mode, resulting in a
very high absorption coefficient (α = 0.97), which is certainly higher
than that of the original 10 mm cavity depth. The 13 mm cavity
depth has the Helmholtz resonance in between the two structural
resonances, and it can be seen that it and the structural resonance
magnitudes are all higher than that when the cavity depth is 20 mm,
for example.

E. Effect of thickness
In Sec. III D, it was seen that it is possible to attain coinci-

dence by adjusting the cavity depth so that its Helmholtz frequency
changes to that of the structural resonance frequency. Similarly, it
should be possible to adjust the properties of the acoustic plate-valve
itself so that a structural eigenfrequency can be changed to match the
Helmholtz frequency. We saw in Fig. 10 that changing the material
properties such as the values of ρ, E, ν, and η results in structural res-
onant mode alteration without affecting the Helmholtz frequency. A

change in the 3D printing filament from the PLA to say ABS would
achieve this, but in order to minimize the number of parameters
changed at any one time, the PLA was maintained, and instead
the thickness of the plate-valve was increased. Through observa-
tion, it can be seen that by substituting D in Eq. (3) into Eq. (2),
the relationship between the thickness of the thin circular plate and
resonant frequency becomes directly proportional. It can be seen in
Fig. 9(b), that the E2 structural resonance frequency for the 40 mm
cavity depth is approximately half that of the 40 mm Helmholtz fre-
quency. Figure 13 shows the experimental impedance tube result
for the same design 3D printed acoustic plate-valve but whose
thickness is now 1 mm. Its absorption coefficient is superimposed
on the original 0.52 mm thickness curve. The result is very sat-
isfactory with the new coincident absorption response at 440 Hz
increasing from (α = 0.79) to (α = 0.97) when the structural
resonance is designed to align with the Helmholtz resonance. The
cavity depth to wavelength ratio for 440 Hz is 20, demonstrating that
deep subwavelength absorption can be achieved with almost perfect
absorption at low frequencies such as this.
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IV. CONCLUSIONS AND FUTURE RECOMMENDATIONS

The current research presents work to date on a novel acoustic
resonator, which minimizes reflections from the walls of an enclosed
space and thus absorbs sound. The technology employs the orig-
inal idea of a flexible plate-valve applied to acoustics. Inspired by

off-the-shelf elastomeric fluidic one-way valves, acoustic plate-
valves were 3D printed in a PLA to have a large diameter. The
research demonstrates that the technology combines a Helmholtz
resonator with structural vibrations in the plate, which them-
selves result in sound absorption for this small gap/air cav-
ity configuration. It was shown that parameters such as the air

FIG. 11. Distribution of the particle velocity from the 2D axisymmetric FEM simulation. Viscous boundary layer formation can be seen inside the air gap between the mounting
plate and acoustic plate-valve. lcav = 40 mm; hd = 0.4 mm. (a) Total acoustic velocity at 212 Hz. (b) Total acoustic velocity at 430 Hz. (c) Total acoustic velocity at 735 Hz.
(d) Toatl acoustic velocity at 1465 Hz.
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FIG. 12. Structural-Helmholtz resonance coincidence through varying the cavity
depth.

cavity depth or the material properties of the plate-valve plate
can be tailored at any required frequency so that resonant coin-
cidence can be attained, which can result in near-perfect absorp-
tion (e.g., α = 0.995), which is thus greater than what could be
achieved by the Helmholtz resonator itself. Given that the thick-
ness of the acoustic plate-valve plus the depth of the cavity can
be a very small percentage of the acoustic wavelength that it is
absorbing, deep subwavelength ratio absorbers can be designed,
e.g., a ratio of up to 58 was achieved in this study. The technol-
ogy presents the possibility for innovative acoustic absorbers for
low-frequency noise attenuation in a thin profile. An FEM-based
frequency domain modeling approach for the acoustic plate-valve
has been validated to predict the acoustic performance. A simple
2D axisymmetric model has been implemented to reduce compu-
tational complexity and costs. The frequency domain model was
compared with experimental results, which demonstrated strong
agreement. An analytical model of the plate dynamics and a numer-
ical eigenfrequency analysis allowed the natural frequencies to be
calculated, and the latter allowed for visualization of the mode
shapes. Future work will examine a fully 3D numerical model of
the acoustic plate-valve, and a laser vibrometer-based measurement

FIG. 13. Structural-Helmholtz resonance coincidence through varying the plate
thickness.

FIG. 14. Impedance tube schematic.

system will attempt to directly measure the mode shapes experi-
mentally. A closer examination of the gap itself including viscous
loss mechanisms and the case when the valve is fully closed due to
negative pressure should also be investigated.
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APPENDIX A: METHODS
1. Experimental rig

Experimental measurement of the absorption coefficient was
performed using the two-microphone impedance tube method. The
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tube was designed in accordance with the ISO standard 10534-
2:200135 for impedance, reflection, and absorption measurements.
A schematic of the experimental setup is shown in Fig. 14. The
impedance tube, which was designed for high amplitude testing, is
made of aluminum of 12.7 mm wall thickness, minimizing leakage
and external noise ingress interfering with the data acquisition pro-
cess. The tube has a circular cross section with an internal diameter
of ϕtube = 0.127 m and therefore has a plane wave cut-off frequency
of ∼1.5 kHz. The tube has a length L = 0.78 m with the capacity to
attach a second length of tube for sound transmission loss measure-
ments in accordance with the ASTM standard E261136 although this
is not investigated in this work. A high-amplitude loudspeaker is
attached to the tube at one end. The loudspeaker used in this rig is a
JBL 2206H/J 12 in. subwoofer. The frequency response of the sub-
woofer ranges from 45 Hz to 3.5 kHz, allowing for testing at low fre-
quencies often not reproducible by smaller speakers and impedance
tube rigs. The speaker is contained in a custom-built 18 mm thick
plywood unit with a flange opening, allowing it to be mounted to
the tube. A termination/test section to the tube was designed to allow
for adjustable back-cavity depths. The termination is an aluminum,
square section housing with a 24.75 mm wall thickness, which allows
square spacer plates with circular holes of the same diameter as the
internal diameter as the tube to be inserted behind the mounting
plate, creating a back cavity. Spacer plates of different thicknesses
can be combined to create a variety of back-cavity depths. A thick,
20 mm, solid aluminum backing plate with no holes was inserted
downstream of the spacer plates to form the hard wall termina-
tion. Figure 15 shows a photo of the test setup with an additional
solid hard wall backing bolted to the rear of the square test-section.
Two G.R.A.S. 40 PH microphones (M1 and M2), with a frequency
range of 20 Hz–20 kHz, were used in the rig and calibrated in accor-
dance with the ISO 10534-2:200135 standard. The microphones were
recessed into the wall of the impedance tube and were separated
from the internal pressure field of the tube by a 2 mm diameter
hole 1 mm in length. The microphones were located x1 = 0.212 m
and x2 = 0.127 m from the face of the acoustic plate-valve mounting
plate. The sample was tested using white noise with a sound pres-
sure level (SPL) of 94 dB for 120 s. Other SPLs ranging from 100 to
120 dB were tested, but no significant non-linear effects were
observed. The transfer function method was used in the analysis
where the complex pressure reflection coefficient, r, is obtained from
Cox and d’Antonio37 as

r = H12e jkx1 − e jkx2

e− jkx2 −H12e− jkx1
, (A1)

where H12 = p(x2)
p(x1) is the transfer function between microphone posi-

tions and k = ω/c is the acoustic wave number. The absorption
coefficient, α, is calculated from the reflection coefficient,

α = 1 − ∣r∣2. (A2)

2. Numerical analysis
FEM simulations were performed using the commercial soft-

ware COMSOL Multiphysics®version 5.6 with preset pressure
acoustics, thermoviscous acoustics, and solid mechanics interfaces.

The acoustics module is well suited for all frequency-domain simu-
lations with harmonic variations in the pressure field. A frequency
domain analysis of the plane wave propagation has been per-
formed where the acoustic plate-valve was modeled as a linear
elastic material using the solid mechanics interface and the inte-
rior of the impedance tube was modeled as air with the pressure
and thermoviscous acoustics interfaces. Coupling between thermo-
viscous acoustic and pressure acoustics is achieved with an acoustic-
thermoviscous acoustic boundary while coupling between solid
mechanics and thermoviscous acoustics is performed with a ther-
moviscous acoustic-structure boundary. The geometric parameters
used in the simulation are chosen from the experimental setup
described in Appendix A 1 with a variable cavity length (lcav).

The geometric model for the FEM simulation, as shown in
Fig. 16, is a simplified 2D axisymmetric model to reduce compu-
tational costs and time with little compromise of the fundamental
characteristics. Sound-hard boundary walls and symmetry condi-
tions are shown. The model represents the cylindrical impedance
tube setup with the acoustic plate-valve, mounting plate, and back-
cavity. The geometric coordinates for the plane in the 2D axisym-
metric implementation are (r, z) and the angle φ is not defined since
it is not a part of the computational domain implemented in the
simplified model.

The material properties of PLA were taken from the literature:38

mass density ρ = 1270 kg m−3, Young’s modulus E = 3.5 × 109 Pa,
Poisson’s ratio ν = 0.3,39 and damping factor η = 0.025,40 with typ-
ical values taken for air—mass density ρ0 = 1.23 kg m−3—and the
speed of sound in air being c0 = 343 m s−1. To avoid domain overlap-
ping in the FEM modeling, a very small gap was introduced between
the mounting plate and the plate-valve. Due to the meshing require-
ments, it is not possible to model the setup without the gap. The
value for the air gap (hd = 0.4 mm) was chosen iteratively to match
the experimental results.

FIG. 15. Photograph of the experimental test section with an impedance tube.

FIG. 16. Simplified 2D axisymmetric geometric model for numerical simulation.
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FIG. 17. Mesh plot of the simplified 2D axisymmetric geometric model for numerical
simulation.

The complete mesh consists of 9688 domain elements and
880 boundary elements. The number of degrees of freedom solved
for is 33 040. A parametric frequency sweep was performed from
50 to 1500 Hz with a 1 Hz frequency increment for frequency
domain analysis. The average simulation time was 18 min 45 s on
a workstation with the following specifications: an 8-core 2.40 GHz
processor and 64 GB RAM.

In addition, an eigenfrequency analysis was also performed
using only the solid mechanics part of the model for the acous-
tic plate-valve in order to obtain its structural resonance modes.
The free vibration of the acoustic plate-valve (considered as a cen-
trally fixed thin circular plate) in vacuo was investigated using
this eigenfrequency analysis (for further details, see Appendix B).
The meshing and the calculations of the reflection and absorption
coefficient are demonstrated in the following sections.

a. Meshing

A user-controlled mesh with free triangular elements was used
to create the mesh. The acoustic mesh element size criterion depends
on the smallest acoustic wavelength (λ0) of interest. Considering
that the largest acoustic mesh element should never be larger than
1
6 of the wavelength λ0, the maximum and minimum element size
are defined as c0

6 f0
and dvisc/3 = 1

3

√( 2μ
ωρ0
) = 220 μm ⋅ 1

3 ⋅ √( 100 Hz
f0
)

respectively. Figure 17 shows a portion of the mesh plot and high-
lights some of the mesh features in the vicinity of the acoustic
plate-valve.

b. Estimation of the reflection and absorption
coefficient

The absorption coefficient can be obtained using the incident
acoustic impedance, which can be written as

Zin = ⟨pt⟩⟨−vz⟩ , (A3)

where pt is the total acoustic pressure, vz is the acoustic velocity in
the vertical direction, and ⟨⋅⟩ is an operator referring to the average
on the top surface of the system. The total impedance of the whole
system can be obtained using the impedance translation theorem41

in the form of transfer impedance as

ZT = Z0
Zin + iZ0 tan (kL)
Z0 + iZin tan (kL) . (A4)

FIG. 18. Linear elastic material model for eigenfrequency analysis.

Using the transfer impedance (ZT), the reflection coefficient r has
been obtained as

r = ZT − Z0

ZT + Z0
, (A5)

where Z0 = ρ0c0 is the specific acoustic impedance of the medium
(i.e., air). Finally, the normal-incidence sound-absorption coefficient(α) is given by Eq. (A2).

APPENDIX B: EIGENFREQUENCY ANALYSIS

An eigenfrequency analysis provides the eigenfrequencies (nat-
ural frequencies) and mode shape (eigenmode) of a linear or
linearized model. An eigenfrequency analysis has been performed
using only the solid mechanics part of the model for the acoustic
plate-valve to obtain the structural resonance modes according to
the model shown in the schematic in Fig. 18. The eigenfrequency
analysis was set to find the first 10 eigenfrequencies for symmetric
modes. The physics-controlled mesh has been adapted for the model
using a normal element size. To get the 10 desired number of eigen-
frequencies around 50 Hz, the simulation run time was 2 s using the
same workstation for frequency domain analysis.

The governing equation for the eigenfrequency analysis is

− λmn = i2π fmn = iωmn, (B1)

where the fundamental eigenvalue is λmn and the eigenfrequency is
fmn. The eigenvalue problem without damping can be expressed as

[K − ω2
mnM]u = 0, (B2)

where K is the stiffness matrix, M is the mass matrix, and u is
the eigenmode displacement vector. The eigenvalue problem with
damping can be represented as

[K + iωmnC − ω2
mnM]u = 0, (B3)

where C is the viscous damping matrix and K can be complex valued.
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A.2 Numerical Prediction of Plate-type Acoustic Valve Resonator using
Time Domain Analysis

In this section, numerical techniques of the FEM model have been provided for the complete plate-

type acoustic valve resonator system using time domain analysis. To build the complete numerical

model of the plate-type acoustic valve with relevant interfaces, the following assumptions were made:

• The premise of the current technology is that high acoustic pressure at the metasurface from in-

cident acoustic waves will cause the one-way valve to open allowing some flow to pass through

the small gap which opens. When the pressure drops the valve closes once more causing a

reduction in the amplitude of the reflected wave. Energy can also be lost through absorption in

the flexible valve itself, through viscous losses in the small gap which opens up between the

valve and the solid surface, as well as losses related to the cavity behind the valve once the

valves has opened.

• The technology possess non-linear acoustic behavior. The viscous forces both linear and non-

linear in the gap/film layer need to be modelled ideally as well as the effect of the squeeze film

in the airgap.

• High magnitude of the displacement of the plate-type acoustic valve is expected interacting with

deforming domain. The movement of the valve includes squeeze film losses, kinetic losses, and

acoustic trapping additional to thermal and viscous losses. This plate-type acoustic valve or one

way valve can also be considered as squeeze film resonator.

A.2.1 Initial Strategies for Numerical Modeling

• All the interfaces for a Frequency Domain study in the Acoustics Module of COMSOL Multi-

physics are linearised equations, therefore they are not suitable for very large amplitude acous-

tic modelling. However, an acoustics interface can be used either adding the Nonlinear node

or couple to a CFD interface. The Nonlinear Acoustics node does not include losses but the

Single Phase Flow (e.g. Laminar Flow) interface is rather computationally heavy but includes

losses. These must be implemented in the time domain. A test time domain model of MPP’s

has been developed (see Appendix A.3) to understand initial strategies for numerical modeling

in time domain.
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• Within COMSOL Multiphysics it is nontrivial to model fluid flow forcing the domains to open

and close - this is because the number of domains changes.

• General mesh is not enough to replicate the opening and closing effect of the valve. Moving

mesh needs to be included in the model.

• This is a nonlinear analysis that is not suitable for frequency domain simulation.

• To avoid domain overlapping in the model, a very small gap needs to be placed between the

mounting plate and the plate-type acoustic valve. Due to the numerical limitations, it is not

possible to model the set-up without the gap.

A.2.2 2D FEM Model: Time Domain

A FEM numerical analysis based on experimental setup with plate-type acoustic valve in the time

domain is implemented including nonlinear effects. Simulations are performed using commercial

software COMSOL Multiphysics R©version 5.4 with preset pressure acoustics, thermoviscous acous-

tic and solid mechanics. At first, laminar flow interface has been used instead of thermo-viscous

acoustics interface. It has been found that, including the laminar flow interface generates significant

complexity in the model. There are no automatic coupling for laminar flow interface with pressure

acoustics interface so coupling needs to be done manually. Laminar flow interface is computation-

ally heavy and require significant amount of time just for computing short time range. To avoid all

these disadvantages, thermo-viscous acoustics interface has been adopted which can be coupled with

pressure acoustics automatically and computationally less time consuming. The plate-type acoustic

valve was modelled as a linear elastic material using the solid mechanics interface and the interior

of the impedance tube and cavity was modelled as air with the pressure acoustics and themoviscous

acoustics interface. Coupling between solid mechanics and thermoviscous acoustics are done with

thermoviscous acoustic-structure boundary while coupling between pressure acoustics and thermo-

viscous acoustics are done with acoustic-thermoviscous acoustic boundary.

A.2.2.1 FEM Geometric Model

The geometric model for FEM simulation is a simplified 2D axis-symmetric model to reduce com-

putational costs and time without sacrificing the fundamental characteristics as shown in Fig. (A.1).

The model represents a cylindrical impedance tube set-up with the plate-type acoustic valve with

maximum porosity mounting plate) sample to estimate the absorption coefficient. The geometric co-

ordinates for the plane in the 2D axisymmetric implementation are (r,z) and the angle ϕ is not defined
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since it is not part of the computational domain implemented in the simplified model. We assume the

mass density ρm = 1240 kgm−3, Youngs modulus Em = 3.8×109 Pa and Poissons ratio νm = 0.33 for

the PLA valve, as well as the mass density ρ0 = 1.23 kgm−3, and the wave velocity c0 = 343 ms−1

for the fluid material (air). The geometric parameters used in the simulation are chosen from experi-

mental setup described in Section (5.1) with cavity length, lcav = 40 mm. The system of equations is

solved by using a direct time dependent solver. Generalized alpha with manual time stepping has been

used as the time stepping methods for the time dependent solver. Complete mesh consists of 8630

domain elements and 759 boundary elements and 58953 degrees of freedom. Parametric frequency

sweep performed from 60 Hz to 500 Hz with 1 Hz frequency increment. The average simulation time

is 177 hrs on a workstation with the following specifications: 8-core 2.40 GHz processor and 64 GB

RAM.

Figure A.1: Simplified 2D axisymmetric geometric model for numerical simulation.

A.2.2.2 Boundary Conditions

Acoustic and thermoviscous acoustic boundary conditions are important to accurately solve the gov-

erning equations. For fluid domain, the time-dependent (transient) pressure acoustics modeling de-

fined by the scalar wave equation,

1
ρ0c2

0

∂ 2 pt

∂ t2 +∇ · (− 1
ρ0

∇pt) = 0 (A.1)
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where, pt = p+ pb, pt is the the total acoustic pressure, pb is the the background pressure, ρ0 is the

density of fluid and c0 is the speed of sound in the air. A plane incident wave p0 is applied from the

left-hand side of the impedance tube with unit amplitude, part of the acoustic energy is reflected and

the rest is absorbed by the plate-type acoustic valve and the cavity. But, very small movement of the

valve has been observed. So, instead of using unit amplitude of incident pressure, p0= 20 Pa has been

used for further modeling. With incident pressure field, pinc = pi = p0 sin(2π f0t), the plane wave

radiation BC can be defined as [145],

1
ρ0

(
1
c0

∂ p
∂ t

)−n · (− 1
ρ0

∇pt) = Qi (A.2)

where, Qi =
1
ρ0
( 1

c0

∂ pi
∂ t )+n · 1

ρ0
∇pi.

The current model has small geometric dimension such as small opening area in between mount-

ing plate and one way valve. It is very important to include the thermal and viscous losses to ac-

curately capture the effects of this narrow regions. Thermoviscous acoustics domain represents the

small regions where thermal and viscous loss accounts for energy losses of the acoustic wave of the

system. Time domain representation of the governing equation for thermoviscous acoustics are as

follows:

∂ pt

∂ t
+∇ · (ρ0vt) = 0

ρ0
∂vt

∂ t
= ∇ · {−ptI+µ(∇vt +(∇vt)

T )+(µB−
2
3

µ)(∇ ·vt)I}

ρ0Cp

(
∂Tt

∂ t
+vt ·∇T0

)
−αpT0

(
∂ pt

∂ t
+vt ·∇p0

)
= ∇ · (k∇Tt)

ρt = ρ0(βT pt −αpTt)

(A.3)

where, pt = p+ pb, pt is the the total acoustic pressure for thermoviscous region, vt = v+ vb and

Tt = T +Tb.

The solid mechanics solver uses solid domain as linear elastic material model. The deformation

can be defined as [160]:

∇ ·σ + fν = ρ
∂ 2u
∂ t2 (A.4)

where, σ , is described by,

σ = J−1FSFT (A.5)
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Symbol Term
σ Cauchy stress
fν Volume force vector
S Second Piola-Kirchhoff stress
F Displacement gradient
C Cauchy-Green deformation tensor

σex An extra stress contribution
σ0 Initial stress

Table A.1: Parameters for linear elastic material model

and F is defined by,

F = (I +∇u) (A.6)

The Green-Lagrange strain tensor is evaluated with respect to the displacement gradient as:

ε =
1
2
[(∇u)T +∇u+(∇u)T

∇u] (A.7)

where, ε , is the total strain tensor under axial symmetry assumptions [160]. For a linear elastic

material, the stress tensor can be represented by an elastic strain tensor using Hooke’s law:

σ = σex +C : εel = σex +C : (ε− εinel) (A.8)

The elastic strain energy density can be defined as [161]:

Ws =
1
2

εel : (C : εel +2σ0) =
1
2

εel : (σ +σ0) (A.9)

The coupling between pressure acoustics and thermoviscous acoustics are defined by the follow-

ing equations:

−n · (− 1
ρ

∇pt) =−n · ∂vt

∂ t

−ptn =

[
− ptI+µ(∇vt +(∇vt)

T )+(µB−
2
3

µ)(∇ ·vt)I

]
n

−n · (−k∇Tt) = 0

(A.10)

For thermoviscous acoustic and solid mechanics interaction:

vt, f luid =
∂ustruct

∂ t
and Tt = 0 (A.11)
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Figure (A.2) shows the movement of mesh which represents the displacement of the plate-type

acoustic valve and squeezing the air between mounting plate and the valve. Valve opening and closing

can be seen by the mesh displacement of the valve.

Closing

Opening

Figure A.2: Close up of the deforming domain in the open area between plate-type acoustic valve and
mounting plate. In the inset we can see the deformation from the equilibrium position with movement
of the mesh.

A.2.2.3 Meshing

• General mesh: The general meshing is performed using user controlled mesh with free tri-

angular elements. The acoustic mesh element size criterion depends on the smallest acous-

tic wavelength (λ0) of the interest. Considering that largest acoustic element is never larger

than the 1
6 of the λ0, maximum and minimum element size are defined as: c0

6 f0
and dv/3 =

1
3

√
( 2µ

ωρ0
) = 220µm · 1

3 ·
√

(100Hz
f0

) respectively. The mesh in the vicinity of plate-type acoustic

valve is shown in Fig. (A.2).
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• Moving mesh (ALE): Within COMSOL Multiphysics it is nontrivial to model fluid flow forc-

ing the domains to open and close, this is because the number of domains changes. To cap-

ture the effects of valve opening and closing, the model in this study utilizes an Arbitrary

Lagrangian-Eulerian (ALE) formulation termed as moving mesh in COMSOL. By using the

ALE formulation, the fluid moving mesh is used to track the deformation of the solid mesh.

Moving mesh defines a displacement of the spatial frame relative to the material frame and

directly tracks the free surfaces and allows for a sharp interface to apply boundary conditions.

The deformation of this mesh relative to the initial shape of the domain is computed using Yeoh

smoothing. Distortion type automatic re-meshing also added in the time dependent solver to

ensure creation of new meshes according to time steps with remeshed solution. Inset of the Fig.

(A.2) shows the movement of the mesh.

A.2.2.4 Estimation of the Reflection and Absorption Coefficient

To calculate reflection coefficient, a time dependent study with parametric frequency sweep is applied

to numerical model. The total sound pressure field (p) can be simulated by COMSOL and the reflected

sound pressure field is expressed as:

pr = p− pinc (A.12)

In above equation, r is the pressure reflection coefficient that gives the ratio of the scattered

pressure to the incident pressure

r =
pr

pinc
(A.13)

The calculation for reflection coefficient performed as a integration of a time-dependent expres-

sion over a time interval. A trapezoidal integration rule is used to calculate the root-mean-square

(rms) pressure [162] and calculated as:

p2
rms =

1
tend− tstart

∫ tend

tstart

p2(t)dt (A.14)

Finally, the absorption coefficient, which represents the ratio of the absorbed and incident pressure

can be calculated by Eq. (5.7) under the approximation of zero transmission. The numerical model

presented in this section is largely based on a direct numerical simulation (DNS) model of a “nonlinear

slit resonators” by Tam et al. [163] and FEM model of a “acoustic absorbent lining structure” by Cai

et al. [164]. Although this is not an application that has a clearly defined simulation strategy, similar

implementation procedure and calculations are used to ensure validity of the current model.
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A.2.2.5 Model including Structural Damping

Damping is related to the kinetic and elastic energy dissipation in the wave propagation or ampli-

tude decay during free vibrations as the intrinsic property of the materials. Usually two types of

damping are considered because of diverse and complex dissipative techniques: Viscous damping

and Viscoelastic damping or nonviscous damping [165]. Rayleigh type viscous damping is a simple

model is considered here mainly in case of energy dissipation associated with the presence of a stan-

dard viscous medium (e.g., a Newtonian fluid). But more realistic model is the viscoelastic model

which depends on the wider assortment of state variables. In matrix form, equation of motion can be

represented as:

[M](
d2u
dt2 )+ [C](

du
dt

)+ [K](u(t)) = f (t) (A.15)

Where,

u(t)= displacement as a function of time

[M]= the mass matrix

[C]= the viscous damping matrix

[K]= the stiffness matrix

The mass and stiffness matrices can be calculated with the geometry and material properties such as

mass density and Young’s modulus. The damping matrix can be modelled with different damping

types.

In the frequency domain, the excitation and response are assumed to be harmonic. This equation

can be written as

(−ω
2M+ iωC+K)ũ = f̃ (A.16)

In COMSOL Multiphysics, there is an option to put damping in the model in Linear Elastic Material

of Solid Mechanics as Attributes. Four types of damping are defined there namely Rayleigh damp-

ing, Isotropic loss factor, An-isotropic loss factor and Viscous damping. According to COMSOL

modeling algorithm, isotropic and anisotropic loss factor does not have contribution to the time do-

main analysis due to frequency dependency. So, viscous damping has been used for the time domain

analysis including the structural loss factor η=0.1.

• Viscous Damping: For a viscous damping model, stresses of solid material are proportional

to the strain rate. In the most common case, the constitutive tensor that relates to the stress to

strain rate can have 21 independent constants. However it’s very difficult to measure damping

and these values are often known. In COMSOL, viscous damping defined with two constants:
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Bulk viscosity (ηb) which represents volume change and shear viscosity (ηv) which represents

shape change. The viscous stress can be represented as:

σv = ηbε̇vI+ηvε̇d (A.17)

where εv and εd is the volumetric strain and deviatoric part of the strain tensor respectively and

ηb = Kη/ω0 (A.18)

ηv = Gη/ω0 (A.19)

where, η is the structural loss factor, K is the equivalent bulk modulus, and G is the equivalent

shear modulus. For the time domain simulation, viscous damping has been used.

• Structural Loss Factor: Considering material properties as complex valued we can write

complex valued stress strain rate as:

σ̃ = Ẽ ε̃ = (E ′+ iE ′′)ε̃ (A.20)

Real part of the Young’s modulus known as storage modulus and imaginary part is known loss

modulus. In general loss modulus defined by a loss factor η .

Ẽ = E(1+ jη) (A.21)

Loss factor damping is equivalent to loss tangent defined as:

tanδ =
E ′′

E ′
= η (A.22)

where δ is the loss angle which represents phase shift between stress and strain. Now, we can

write the damping matrix as:

C =
ηK
ω

(A.23)

and the equation of motion can be written as:

(−ω
2M+(1+ iη)K)ũ = f̃ (A.24)

Relationship between several measures of damping are shown below for Single-Degree-of-

Freedom Damping (SDOF) Models:

η =
1
Q

= 2ξ =
%Cr

50
=

δ

π
=

D
2πU

=
∆ω3dB

ω0
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Where: η is loss factor, Q is amplification factor, ξ is damping ratio, %Cr is percent of critical

damping (%Cr = 100%× ξ ), δ is the log decrement of a transient response, D is the energy

dissipation per cycle and U is the stored energy during loading.

• Rayleigh Damping: For the Rayleigh damping model, the damping matrix [C] is defined by

the linear combination of mass and stiffness matrix:

[C] = αM[M]+βK [K] (A.25)

where αM and βK represents the mass and stiffness damping coefficients with units of s−1 and s

respectively. Traditionally to obtain αM and βK , two reference vibration modes (i- and j-order)

have been selected and their damping ratios ξi and ξ j obtained through experiments or test data

prediction with respective natural frequencies ωi and ω j:αM

βK

=
2ωiω j

ω2
j −ω2

i

 ω j −ωi

− 1
ω j

1
ωi

ξi

ξ j

 (A.26)

When ξi= ξ j =ξ this equation can be simplified as:αM

βK

=
2ξ

ωi +ω j

ωiω j

1

 (A.27)

This damping model does not represent physical damping processes of a material. However the

stiffness matrix directly proportional to the strain rate. A pure beta damping can be represented

as viscous damping with

ηb = βKK

ηv = βKG
(A.28)

In COMSOL, we can add Rayleigh damping either as a direct input of αM and βK or as two

damping ratios in two different frequencies.

A.2.3 Results

FEM numerical simulation provided validation and insights into the absorption coefficient behavior

of the plate-type acoustic valve resonator. The comparison between the absorption coefficient pre-

dicted by the FEM numerical model and obtained by experiments are given in Fig. (A.3). The figure

shows two significant peaks for the numerical and experimental results. For the experimental results,

the first peak at 224 Hz with an absorption coefficient of α=0.69789, the second peak with absorp-
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Figure A.3: Comparison between absorption coefficients as a function of frequency from numerical
results with moving mesh and experimental results.

tion α=0.78625 at 439 Hz. For the numerical results, the first peak at 178 Hz with an absorption

coefficient of α=0.27572, the second peak with absorption α=0.82262 at 368 Hz. Although similar

shape of the absorption curve is obtained, the significant difference can be seen in numerical result

compared to experimental result. In general, the main reasons behind the discrepancies between the

FEM simulation and experimental results are thought to lie in the material properties and geometric

tolerances in the fabrication. The accurate material properties of the fabricated PLA is unknown and

PLA material properties from literature was used as a close replacement of the printed material in

the FEM simulation. The exact geometric dimensions of the fabricated sample also possess minor

variations and unknowns. Using parametric studies of the material properties (e.g. density, Young’s

modulus, damping loss factor) closer match with experimental result can be obtained.

To avoid domain overlapping in the FEM model, a very small gap has been included in between

mounting plate and plate-type acoustic valve. Due to the computational limitations it is not possible to

model without the gap. The value for the gap is a arbitrary chosen value and kept as small as possible.

Figure (A.4) shows the absorption coefficient with two different air-gap. With the smallest possible

gap height hd= 0.1 mm, first peak at 178 Hz with an absorption coefficient of α=0.27572 and second

peak appeared at 368 Hz with an absorption coefficient of α=0.82262. So, hd= 0.4 mm provided with

better match with the experimental results and this value has been used for further studies. Figure

(A.5) shows the absorption coefficient for two different sound pressure levels (SPL’s) 94 dB and 120

dB. It can be seen from the inset that, the only first absorption peak is affected by the high sound

pressure level.
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Figure A.4: Comparison of absorption coefficients as a function of frequency from numerical results
with two different airgap hd = 0.1 mm and 0.4 mm.

Figure A.5: Comparison of absorption coefficients as a function of frequency from numerical results
with two different incident pressure pinc = 20 Pa and 1 Pa.

A.2.4 Conclusions

Several conclusions can be made for the numerical time domain analysis of the plate-type acoustic

valve resonator. For example, to simulate for the frequency ranges 50-500 Hz, the average simula-

tion time is approximately 177 hrs. Time domain analysis requires significant computational time.

Although, time domain analysis provided with reliable simulation, the frequency domain analysis

proved to be the more efficient for the simulation purposes. No significant non-linear effects has been

reported from the experimental results. Since the solid displacements due to the acoustic excitation

relatively very small, linear estimation for the acoustic dissipation remains valid for the complete

plate-type acoustic valve resonator system. Hence, the frequency domain analysis has been exten-
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sively performed for further numerical modeling of the complete plate-type acoustic valve resonator

system.
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A.3 FEM Modeling of Microperforated plate

Two numerical model of micro perforated plate based on finite element method (FEM) are imple-

mented to estimate absorption coefficient. The geometric model for FEM simulation is a simplified

2D axisymmetric model to reduce computational costs and time without sacrificing the fundamental

characteristics as shown in Fig. (A.6). The model represents a cylindrical impedance tube set-up with

the microperforated plate to estimate the absorption coefficient. The geometric parameters used in the

simulation are chosen from experimental setup described in Chapter 5. The geometric coordinates

for the plane in the 2D axisymmetric implementation are (r,z) and the angle φ is not defined since it

is not part of the computational domain implemented in the simplified model. The microperforated

plate was made of rigid PCB, with a 0.2 x 0.2 m square cross-section. The physical characteristics

of the micro perforation are found in the Table A.2. The microperforated plate was inserted into the

square test section flush against the end of the tube. A 0.5 m cavity was created behind the microper-

forated plate using a series of inserts and a 2 mm extension plate at the end, followed by the hard wall

backing plate. The plate was tested using a 93 dB white noise source for 120 seconds. The meshing

performed using user-controlled mesh with free triangular elements. The acoustic mesh element size

criterion depends on the smallest acoustic wavelength (λ0) of the interest. Considering that largest

acoustic element is never larger than the 1
6 of the (λ0), maximum and minimum element size are

defined as: c0
6∗ f0

and dvisc= 220µm · 1
3 ·
√

100Hz
f0

respectively. Some boundary layer also added in the

mesh to capture the viscous and thermal losses in the boundary accurately. The mesh in the vicinity

of perforation hole is shown in Fig. (A.6)

A.3.1 Frequency Domain Analysis

A frequency domain analysis of the plane wave propagation is performed using the Acoustics module

coupling preset Pressure Acoustics and Thermoviscous Acoustics Model. The geometric parameters

used in the simulation are chosen from experimental setup described in Chapter 5. Coupling between

thermoviscous acoustic and pressure acoustics is achieved with an acoustic-thermoviscous acoustic

Model Hole diameter Overall porosity Plate Thickness Cavity Depth
d [mm] σ t [mm] l [mm]

A. Conceptual 5 0.01 0.5 50
perforated plate

B. Micro- 0.4 0.005 1.18 50
perforated plate

Table A.2: Geometrical parameters of the microperforated plates
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Laminar FlowPressure Acoustics Pressure Acoustics 

Sound hard 
boundary wall 

r=0
Normal 

velocity, v
Boundary
Stress, p

Normal 
velocity, v

r=0

Figure A.6: Simplified 2D axisymmetric geometric model of the numerical simulation for time do-
main analysis (top), overview of the mesh for the setup (bottom) and the mesh shown in the vicinity
of the hole with boundary layer (inset).

boundary. The Pressure Acoustics module is well suited for all frequency-domain simulations with

harmonic variations of the pressure field. Governing equation for the sound pressure is defined by the

Helmholtz equation in this module:

∇
2 p =

1
c2

0

∂ 2 p
∂ t2 (A.29)

where, p is the sound pressure of the pressure acoustic field, t is the time and c0 is the speed of

sound. Thermal and viscous losses became significant in the region of the small perforations when

sound propagates and attenuates through micro perforated plate. Therefore, the “Thermoviscous-

Acoustics” interface is applied. Governing equations are defined by the linear Navier-Stokes equation:

iωρ =−ρ0(∇ ·v)

iωρv = ∇ · {−pI+µ(∇v+(∇v)T )+(µB−
2
3

µ)(∇ ·v)I}

iω(ρ0CpT −T0α0 p) =−∇ · (−k∇T )

ρ = ρ0(βT p−α0T )

(A.30)

The following boundary conditions are used in numerical simulations. Incident pressure field as

plane wave radiation applied as source and sound hard boundary wall and symmetry conditions also

applied as shown in Fig. (A.6). In the vicinity of the walls of circular holes, rigid wall isothermal and

no-slip boundary conditions are applied.
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The surface impedance Zs of the perforated plate is calculated according to average velocity re-

ported at the surface.

Zs =
p

v ·n
(A.31)

where, v is the mean velocity in the perforation hole, n is the surface normal of the perforate. The

total impedance of the system can be obtained with impedance translation theorem [166].

ZT = Z0
−iZs cot(kL)+Z0

Zs− iZ0 cot(kL)
(A.32)

The reflection coefficient r is obtained as

r =
ZT −Z0

ZT +Z0
(A.33)

where, Z0 = ρ0c0 is the specific acoustic impedance of the medium (i.e., air in this case) and the

absorption coefficient (α) is given as in Eq. (5.7).

A.3.2 Time Domain Analysis

The presented numerical simulation was generated using the Acoustics and Fluid Flow module (Pres-

sure Acoustics, Transient manually coupled with Laminar Flow). A time-dependent study with a

parametric frequency sweep is applied to the numerical model and the calculation for the absorption

coefficient is performed as an integration of a time-dependent expression over a time interval. The

fluid flow is described by laminar flow, incompressible Navier-Stokes equations:

ρ
∂u
∂ t

+ρ(v.∇)v = ∇ ·

[
− pI+µ

(
∇v+(∇v)T

)]
+F

ρ∇ ·v = 0
(A.34)

where, v represents the velocity (m/s), µ is the viscosity (Pa · s), ρ is the density (kg/m3), T is the

absolute temperature (K). A no-slip (v = 0) boundary condition is applied to all boundary walls.

A plane incident wave p0 is applied from the left-hand side of the impedance tube with unit amplitude

as incident pressure field, pinc = p0 ∗ sin(2π f0t).

Part of the acoustic energy is reflected, and the rest is absorbed by the microperforated plate and the

cavity. Pressure acoustics and laminar flow coupling done with normal velocity (v,w) and boundary

stress, p. To calculate reflection coefficient, a time dependent study with parametric frequency sweep

is applied to numerical model. The total sound pressure field (p) can be simulated by COMSOL and
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the reflected sound pressure field is expressed as:

pr = p− pinc (A.35)

In the above equation, r is the pressure reflection coefficient that gives the ratio of the scattered

pressure to the incident pressure
pr

pinc
(A.36)

The calculation for reflection coefficient is performed as a integration of a time-dependent expression

over a time interval. A trapezoidal integration rule is used to calculate the root-mean-square (rms)

pressure [162] and calculated as:

p2
rms =

1
tend− tstart

∫ tend

tstart

p2(t)dt (A.37)

Finally, the absorption coefficient, which represents the ratio of the absorbed and incident pressure

can be calculated by Eq. (5.7). The numerical model presented in this section is largely based on a

direct numerical simulation (DNS) model of a “nonlinear slit resonators” by Tam et al. [163] and

FEM model of a “acoustic absorbent lining structure” by Cai et al. [164]. Similar implementation

procedure and calculations are used to ensure validity of the current model. Initially, the absorption

performance of the conceptual perforated plate has been presented. Both frequency domain and time

domain numerical results of absorption coefficients of the absorber are compared and shown in Fig.

(A.7).
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Figure A.7: Comparison of absorption coefficients in frequency domain and time domain model as a
function of frequency.
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Figure (A.7) shows that numerical results from the time domain analysis agree excellently with the

frequency domain analysis and provide validation of modeling approach and calculation. Slight dif-

ferences between the curves thought to be due to meshing effects. Using more refined mesh would be

helpful to resolve this difference. Maximum absorption (α ≈ 0.825) has been observed at frequency

around 750 Hz. Figure (A.8) shows the comparison of the velocity field vicinity to the perforations

around 750 Hz with user defined mesh in between frequency domain and time domain model. We

can observe the similar velocity profile for both numerical modeling approach.
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(a)

(b)

Figure A.8: Comparison of the velocity field vicinity to the perforations with user defined mesh in (a)
time domain and (b) frequency model.

A comparison of the absorption coefficients as a function of frequency from analytical, numerical

(time domain) and experimental results are shown in Fig. (A.9).
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Figure A.9: Comparison of absorption coefficients as a function of frequency from analytical, numer-
ical (time domain) and experimental results.

According to Fig. (A.9), analytical, numerical (time domain) and experimental results also shows

good agreement. Numerical and experimental results show a good match for the absorption coeffi-

cients with small variations. The main reasons behind the discrepancies between the FEM simulation

and experimental results are thought to lie in the small manufacturing imperfections and mechanical

resonances of the plate. According to the measured and simulated results presented in this research,

high absorption coefficient (almost 100%) can be obtained over a relatively big bandwidth for micro

perforated absorbers.

Presented time domain MPP modeling approach is very efficient for the large amplitude acoustic

modeling. In case of frequency domain analysis, it’s failed to provide reliable results due to linearity

involves in the modeling equations and vortex shedding effects is completely ignored. But for the

large amplitude acoustic modeling time domain modeling approach provides reliable results including

non-linearity in the modeling techniques. Therefore, this time domain modelling approach can be

efficiently used with confidence to simulate nonlinear problems where frequency domain analysis is

not suitable.
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B.1 EIGENFREQUENCY ANALYSIS

B.1 Eigenfrequency Analysis

An eigenfrequency analysis provides the eigenfrequencies (natural frequencies) and mode shape

(eigenmode) of a linear or linearized model. An eigenfrequency analysis has been performed us-

ing only the solid mechanics part of the model for the plate-type acoustic valve to obtain structural

resonance modes. The eigenfrequency analysis was set to find the first 10 eigenfrequencies for sym-

metric modes. The physics controlled mesh has been adapted for the model using normal element

size. To get the 10 desired number of eigenfrequencies around 50Hz, simulation run time was 2s

using the same workstation for frequency domain analysis. The governing equation for the eigenfre-

Fixed Constraint Linear Elastic Material

r=0

Figure B.1: Linear elastic material model for eigenfrequency analysis.

quency formulation can be written as (source terms are not included):

∇ ·
(
− 1

ρ0
∇p
)
+

λ 2
mn p

ρ0c2
0
= 0 (B.1)

and

λmn = i2π fmn = iωmn (B.2)

where the fundamental eigenvalue is λmn which is independent of the pressure (p)and the eigenfre-

quency is fmn. The eigenvalue problem without damping can be expressed as[
K−ω

2
mnM

]
u = 0 (B.3)

where K is the stiffness matrix, M is the mass matrix and u is the eigenmode displacement vector.

The eigenvalue problem with damping can be represented as[
K+ iωmnC−ω

2
mnM

]
u = 0 (B.4)

where C is the viscous damping matrix and K can be complex valued.
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B.2 Experimental Modal Analysis
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B.2 EXPERIMENTAL MODAL ANALYSIS

Experimental setup
❑ Define the measurement grid
❑ Define the FRF’s matrix.

Vibration measurements
❑ Obtain FRF’s at different scanning 

points.
❑ Repetition to improve the results.

Post-processing of FRF’s
❑ Identify the resonance peaks and 

troughs
❑ Combine the resonance peaks and 

troughs
❑ Plot the vibrational mode shape

Figure B.2: Flow chart for the experimental modal analysis.
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C.1 CAMBERED DESIGN OF PLATE-TYPE ACOUSTIC VALVE RESONATOR

C.1 Cambered Design of Plate-type acoustic valve resonator

In this section, a 3D printed valves with camber similar to an umbrella valve (UM 145) of much larger

diameter and thickness of tAD = 0.54 mm has been presented. The sole purpose of this work was to

investigate the effect of using different design of plate-type acoustic valve in the acoustic absorption

performance. Using the cambered design leads to plate-type acoustic valve having no air-gap between

the plate-type acoustic valve and mounting plate. Hence, Helmholtz resonance effect of the plate-type

acoustic valve resonator should add very little acoustic absorption and only if the valves pops open.

Figure. (C.1)-(C.4) shows the 3D printed sample and the it’s assembly with the mounting plate.

Figure C.1: 3D printed cambered plate-type acoustic valve sample.
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Figure C.2: Mounted 3D printed cambered plate-type acoustic valve sample.

Figure C.3: Mounted 3D printed cambered plate-type acoustic valve sample(Top View).

Figure C.4: Mounted 3D printed cambered plate-type acoustic valve sample
(Bottom View).
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To obtain absorption performance of the cambered plate-type acoustic valve, the sample has been

tested in the normal incidence impedance tube similar to the procedure described in Chapter 5.1.

Figure (C.5) shows the experimental absorption coefficients for different cavity depths with SPL of

94 dB. It can be observe that by varying cavity depths there are no significant shift to the absorption

peaks. Since, there are no air-gap between mounting plate and cambered plate-type acoustic valve,

Helmholtz resonance effect is not present. It can be approximated that, the acoustic absorption peaks

are associated with the structural resonance frequencies of cambered plate-type acoustic valve.

200 400 600 800 1000 1200 1400

Frequency (Hz)

0

0.1

0.2

0.3

0.4

0.5

0.6

0.7

0.8

0.9

1

A
b

s
o

rp
ti

o
n

 C
o

e
ff

ic
ie

n
t

20mm Cavity Depth

30mm Cavity Depth

40mm Cavity Depth

50mm Cavity Depth

Figure C.5: Experimental absorption coefficients as a function of frequency for different cavity depths
with SPL= 94 dB.

To predict the natural frequencies of the cambered plate-type acoustic valve, eigenfrequency anal-

ysis has been performed using a 2D axisymmetric numerical model. Solid mechanics interface of

the COMSOL Multiphysics (commercial FEM software) has been applied to replicate the cambered

plate-type acoustic valve. The materiel properties of the cambered plate-type acoustic valve has been

set as: Young’s modulus Em= 3.5 ×109 Pa, density ρm= 1240 kg/m3, and νm= 0.33. Table C.1 has

tabulated the eigenfrequencies of the cambered plate-type acoustic valve. Figure (C.7) shows the

structural eigenfrequencies in the absorption curves for SPL of 94 dB. Some of the structural eigen-

frequenices can be identified as f70=710 Hz, f02 or f11=795 Hz, f80=898 Hz, f31 or f03=996 Hz,

f12=1088 Hz, f51=1389 Hz. To get the validation of the correct identification of the structural reso-

nance frequencies, a modal analysis with laser Doppler vibrometry can be performed similar to the

procedure mentioned in Section 5.2.2. A comparison between experimental and numerical structural

resonance frequencies has been tabulated in Table C.2 which shows good agreement.
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r=0 Fixed Constraint 

Solid Mechanics

Figure C.6: 2D axisymmetric numerical model of the cambered plate-type acoustic valve for eigen-
frequency analysis.
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Figure C.7: Structural eigenfrequencies in the experimental absorption coefficients as a function of
frequency for different cavity depths with SPL= 94 dB.
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m ⇓� n⇒ 0 1 2 3

0
((a)) 141.66 Hz ((b)) 789.36 Hz ((c)) 1026.1 Hz

1
((d)) 37.537 Hz ((e)) 789.94 Hz ((f)) 1052.9 Hz ((g)) 1680.8 Hz

2
((h)) 66.4 Hz ((i)) 866.04 Hz ((j)) 1227.2 Hz

3
((k)) 151.06 Hz ((l)) 1010.2 Hz ((m)) 1502.3 Hz

4
((n)) 258.7 Hz ((o)) 1174.2 Hz

Table C.1: Some of the eigenfrequencies and corresponding mode shape from 2D numerical model:
Eigenfrequency Analysis.
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Mode fmn [Hz] fmn [Hz]
(m,n) (2D Numerical) (Experimental)
(0,3) 1026.1 996
(0,2) 789.36 795
(1,1) 789.94 795
(1,2) 1052.9 1088
(3,1) 1010.2 996
(7,0) 725.03 710
(8,0) 929.52 898

Table C.2: Comparison between experimental and numerical structural resonance frequencies.
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