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ABSTRACT

A liquid CPU cooler has been designed and tested with the aim to achieve a cooling
capacity of 200 W for a surface area of 8.24,arommensurate with the integrated heat spreader
dimensions of an Intel® Pentium® 4 Processor. The primary aim of the design was to develop
thermal hardware components that can be manufactured simply and cost effectively. To this end, a
miniature jet array waterblock and a tube bundle remote heat exchanger were employed since the
bulk of their housings could be manufactured using low cost injection molding techniques which
could significantly reduce the total system cost compared with conventional units. The system
was capable of dissipating the required heat load and exhibited an overall thermal resistance of
0.18 K/W requiring approximately 1.5 W of hydraulic power. At maximum power the chip-to-air
temperature difference was 45°C which is adequately close to typical design thresholds. The

influences of power loading and liquid volumetric flow rate are also discussed.
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1. INTRODUCTION

During operation all electronic devices generate heat that must be dissipated effectively in
order to ensure proper functioning and reduce the risk of failure. In devices such as
microprocessors, temperature thresholds (typically ~85°C at present) are imposed to reduce
leakage currents. From a reliability standpoint, elevated temperatures and cyclic temperature
excursions can induce failure mechanisms which will cause premature component failure [1]. The
proper functioning and reliability of electronic components hinges on adequate thermal
management. However, advances in micro-fabrication of electronic circuitry have lead to
continual decreases in dimensions ostensibly allowing more circuit components per unit surface
area. This has lead to severe increases in power densities and have strained existing air based
board level thermal management hardware, such as the low-tech fan-finned heat sink, to their
operational limits.

It is accepted that chip heat fluxes will continue to escalate in the coming years. Current
fan-fin cooling techniques will not be a viable solution at board level primarily due to fin
efficiency and heat spreading bottlenecks and the fact that air is a poor thermal transport medium.
One of the main conundrums is that the heat transfer coefficient generally increases
asymptotically with air velocity (ln u”®) whereas the pressure drop penalty increasa® asu’
and acoustic noise at somewhere in the region of 3. This being the case there are very
disproportionately large increases in penalties with modest gains in heat transfer.

Liquid based cooling of electronics is an obvious choice due to their superior
thermophysical properties compared with air. Liquid based heat sinks extract the heat with very
reduced form factors at board level since the heat is released to the air by a remote heat sink,
typically where there is sufficient real estate that form factor constraints are not as severe.
Furthermore, the liquid flow in the remote heat exchanger precludes the need for advanced heat
spreading technologies.

Over the past 20 years there has been very aggressive international research effort
regarding single and two-phase microchannels [2, 3]. Single-phase channel flow affords
reasonable heat transfer coefficients whilst offering the enticing possibility of a very high heat
transfer surface areas per unit volume. One drawback, however, is the singular direction of the

flow which can result in large temperature gradients from inlet to outlet which are undesirable



[4]. A possible solution to this is two-phase convective flow which should ideally be more
isothermal. However, two-phase flow in microchannels has proven to be extremely complex, both
with regards to the overall heat transfer coefficient and the dryout limit [3], and it is not likely that
a reliable and affordable two phase heat sink will be available in the near future.

The preponderance of commercially available board level liquid cooling technologies for
electronics thermal management, termed waterblocks, generally implement small scale surface
extensions to increase the surface area for heat transfer for low effective liquid velocities and
consequent heat transfer coefficients. The drawback of this approach, similarly to the
microchannel approach, is that the heat sinks require micro-manufacturing of the small features,
typically on copper, which adversely adds to the overall cost of the waterblock making them far
from cost competitive compared with simple extruded aluminum heat sinks. Further to this, the
heat must ultimately be released to ambient air by a remote heat sink which further adds to the
overall system cost.

Recently there has been some work done which addresses the total system thermal
resistance of liquid cooling systems including the remote heat exchanger. Bintoro et al. [5]
developed a direct contact single water jet impingement device combined with a minichannel
remote heat exchanger for CPU cooling. The cooling system maintained the chip’s surface
temperature to just below 95 °C at the maximum heat load of 200 W. Assuming an ambient
temperature of 20°C, the overall chip to air thermal resistance was in the range of 0.35 K/W. Liu
et al. [6] utilized a microjet array with mini fan cooled remote heat exchanger for cooling high
power LEDs and achieved an overall thermal resistance of about 0.17 K/W. Chang et al. [7] were
able to achieve an overall thermal resistance of 0.23 K/W by implementing a microchannel heat
sink in conjunction with a plate-fin type remote heat exchanger of which just under half (43%)
was due to the microchannel heat sink.

The objective of the present study is to develop and test a closed loop liquid cooling
system for a commercially available CPU that adequately dissipates a load of 200 W with heat
sinks that can be manufactured inexpensively. To this end it was decided to focus on heat sink
housings that are amenable to injection molded plastic while at the same time reducing the overall

metal content and other cost intensive manufacturing processes such as micromachining.



2. EXPERIMENTAL APPARATUS
2.1 Heater Block

The heater block and housing used in this study is shown schematically in Fig. 1 and were
designed to emulate that of an Intel Pentium 4 processor, equipped with an Integrated Heat
Spreader (IHS), attached to a LGA-775 package. The Intel® Pentium® 4 Processor thermal
design guide data sheet [8] provided the dimensions implemented in the heater block and housing
design. A square surface of 28.7 x 28.7 mm, equivalent to that of the top surface of the IHS, was
used as the heater surface. A 72 x 72 mm square array of 4 threaded holes was centred at the
copper block. The threaded holes are used to attach the water block to the heater block housing.

In order to determine the temperature distribution and the heat flux, three thermocouples were
embedded at known locations along the heater block. Due to its high thermal conductivity copper
was chosen as the heater block material. In order to provide sufficient power to the exposed
surface, two cartridge heaters of 6.25 mm diameter and 46 mm length, each with a power rating
of 175 W, were utilized. Nylon was chosen as the housing material as it possesses a relatively
high melting point as well as a low thermal conductivity which reduces losses. Fig. 1 depicts the

final heater block assembly.

2.2 Flow delivery and monitoring system

The experimental apparatus used in the testing procedure consisted of a water delivery and
monitoring system, as well as the previously described heater block and housing. A schematic of
the arrangement used in the experiment is depicted in Fig. 2. The arrangement sought to mimic
that of a commercial closed water loop used in the cooling of a CPU, and therefore popular
commercial components were used when possible.

The flow loop consisted of a pump which drew deionized water from a 1.5 L water reservoir
manufactured by Danger Den (Astoria, Oregon). The pump used in the system was the Laing
DD12V-D5 Variable Speed Pump. This pump contained five different settings that were used to
control the flow rate through the system. The power delivered to the pump was controlled using a
Lascar PSU 130 adjustable DC power supply. In order to monitor the flow rate, a rotameter, with
a flow range of 2-10 LPM = 1.5% FS, was installed within the system. T-type sheathed

thermocouples of 1.5 mm diameter were used in conjunction with Fllk&hérmometers



(x0.3°C), to measure and record the water temperatures at the inlet and outlet of the water block
as well as the outlet of the heat exchanger. Pressure taps were also installed on either side of the
water block and heat exchanger and measurements were obtained using two Digitron 2083P (0-2
bar £ {0.1% rdg + 0.1% FS}) differential pressure meters. In order to determine the outlet
temperature of the air after passing through the heat exchanger, a K-type thermocouple was
positioned in nine different locations, with the average of the readings utilized as the effective air
exit temperature. The power delivered to the fan was also controlled by a Lascar PSU 130
adjustable DC power supply. The radiator was coupled with an EMB Papst 5912-3214JH3 fan,
which could provide a maximum air flow rate of 140 CFM. Hot wire measurements indicated that
this corresponded with an air velocity of about 4.5 m/s.

A layer of Thermal Interface Material (Arctic Silver 5) was applied between the heated
surface and the waterblock. As a result of the thermal resistance of this layer the surface
temperature of the heater block would be higher than that of the base of the water block.
Therefore, a fine wire thermocouple was fastened to the base of the waterblock and this

temperature was used in calculation of various performance indicators.

2.3 Data Reduction

The heat flux, &, at the heater surface was assumed to be uniform and was calculated from,
Q' =k, T &)

dZ best
fit

where k, is the thermal conductivity of the copper, evaluated at the average block temperature,
and dT/dzks: sit is the linear regression fit of the centreline temperature measurement. The power

delivered by the heated surface to the water block is determined from the expression,
Q=Q"A (2)
The thermal resistances,Rof both the waterblock and heat exchanger were determined
using the equation,
AT,
Rin :Tl 3)

The use of the log-mean temperature difference has been selected for the analysis of both

the waterblock and the remote liquid-to-air remote heat exchanger for consistency. For the



waterblock, the difference between the wall and inlet water temperatures could have been chosen
as in lyenger et al. [9]. However, since the temperature drop across the water block was generally
~1°C the two methods give nearly identical results.

The log mean temperature difference across the water block is defined as,

(1T (T, T)

wh wb in
Im_Wb — TW _ Tou
In|:( i % wbh Tin ):|

Here, T is the temperature at the bottom of the water blogkisTthe inlet temperature and

(4)

Tout IS the outlet temperature. The log mean temperature difference across the air cooled heat

exchanger is defined as,

AT _ (lex_ in TA_out)_‘ (THx_out _TOO)

Im_ (T X_in _T ou )
In|: i - %—Hx_out _Too ):|

where Ty in is the inlet water temperaturew Lyt is the outlet water temperature, iB the

(5)

ambient temperature which was used as the inlet air temperatureaapd i$ the outlet air
temperature.

The uncertainty on derived quantities are listed in Table | for the lowest and highest nominal
power settings and the highest flow rate tested. Of particular note is that the Monte Carlo method
developed by Kempeet al[10] was used to determine the uncertainty on the heat flux based on
Eq. 1, which was subsequently incorporated into the uncertainty of the power and thermal
resistance values. As it is detailed, the uncertainty in the imposed power, and subsequent thermal
resistance values, are in the range of 20% at the lowest heat load and decrease to 6% at the

highest heat load. The pumping power uncertainty is generally about 5% which is acceptable.

Table I: Uncertainty of derived quantities for nominal power settings of 50W and 200W for a

volumetric flow rate of 5.25 LPM.

Q Rthwb Rin Qpump
(jets) (tubes)
50w 200W 50w 200w 50w 200W 50w 200W
+18% + 6% +20% + 6% +21% +6% +5% + 5%




3. HEAT EXCHANGER DESIGNS
3.1 Waterblock Design

A primary goal of this work is to design a high performance waterblock of which the
majority of the structure being amenable to very low cost injection molding, reduced volume of
metal and minimal, if any, complex machining. To this end microchannels and mini/macro
surface extensions were ruled out and a liquid jet array waterblock was conceived and is
illustrated in Fig. 3. Impinging liquid jets afford a very high single phase heat transfer coefficient
such that thermal resistances comparable or exceeding microchannels or micro-featured surfaces
can be obtained without surface modification. Also, as it is shown in the Fig. 3, the primary
housing can be constructed from plastic. For this work the housing was fabricated from VisiJet®
SR200- UV curable acrylic plastic rapid prototyped on a 3D Systems InVision 3D printer.

The target cooling capacity was 200 W which corresponds with a heat flux of 243
kW/m?. A thermal resistance ofiR=0.075 K/W was selected which results in a target surface to
inlet coolant temperature difference of 15°C. This resistance has two constituents, one
accounting for the resistance of the copper base whicp,is B.01 K/W and the other associated
with the heat transfer to the liquid stream, which must jae=R0.065 K/W in order to achieve
the design point thermal resistance.

The liquid jet array waterblock design is illustrated in Fig. 3. Water enters into a plenum
chamber and passes through the array of jets and onto the copper base. The upper impingement
surface is 27.5 mm x 27.5 mm and is stepped up to 28.7 mm x 28.7 mm at the base. Although it is
known to be deleterious with regards to the heat transfer, it was decided to confine the flow to
exit at only one end of the lower channel. This simplified the internal structure of the device such
that injection moulding would be feasible. It also allows for a lower profile compared with one
with four exit streams that would have to be then be recombined in a second upper plenum. This
last point is crucial in the design of thermal management hardware as there are strict limitations
on the allowable size of devices, particularly at board level. One reason for this is that larger
devices generally offer excessive pressure drop of the circulating air which adversely affects the
cooling of downstream components.

Compared with its microchannel counterpart, there are far fewer correlations for jet array

impingement heat transfer, though some exist [11-17]. For this work, the Robinson-Schnitzler



correlations [17] have been used because they were developed for submerged jets, consider the
influence of jet to target confinement and inter jet spacing and provide information about the
friction factor. Robinson and Schnitzler correlated their average heat transfer data for confined-

submerged jets as:

S -0442 H - 000716
Nu, = 1.485Re§'46[dj [dj Pro* (6)

The correlation was found to agree very well with the correlation of Womac et al [16]. Further to

this, the friction factor for both free and submerged jet arrays was correlated as:
2299 )

€

f = 051+

Eq. 7 was found to be in close agreement with that of Fabbri and Dhir [11] albeit the latter work
was performed for the impingement of free surface microjets. Recently, Whelan and Robinson
[18] showed that the pressure drop penalty could be notably reduced by chamfering the orifice
inlet without significantly affecting the heat transfer.

Egs. 6 and 7 were used to obtain the flow rates, geometrical layout and corresponding
pressure drops that can achieve the required surface average heat transfer coefficient. Based on
the target jet array thermal resistance and impingement surface area, a heat transfer coefficient of
approximately [3s=20,000 W/niK is required. However, the Robinson-Schnitzler correlation
was developed for minimal confinement and would be expected to over predict the heat transfer
coefficient. A study on the influence of crossflow was performed by Obot and Trabold [19]. They
demonstrated that for air jet arrays, degradation in heat transfer of up to a factor of two can occur
when the impingement surface is confined on three of its sides which has been accounted for in
the present calculations.

In order to obtain the heat transfer coefficient from the Robinson-Schnitzler correlation, the
number of jets that could impinge onto the square copper surface was calculated using the

expression similar to that developed by Robinson [20],

_(( g—{:+dn})+2j2 @®

Total —

N

where Ls is the length of one side of the impingement surface, in this case 27.5 mm, S is the

interjet spacing and,ds the jet nozzle diameter which was kept at 1.0 mm. This was applied for



interjet spacing in the range ofXS/d, < 6,a nozzle exit-to-target spacing of K 3 over a
volumetric flow rate range of 05V < 10 L/min.

A limiting factor on the design was the pressure head available from the pump. The pressure
head varied from 40 kPa to 24 kPa as the volumetric flow rate increased from 0 — 10 L/min. Also,
the pump must supply adequate pressure head to accommodate the pressure drop associated with
all of the other system components, including the remote heat sink, so that pressure drop across
the waterblock must be considerably less than pressure head available.

Upon varying the interjet spacing and flow rate it was estimated that 49 individual 1 mm jets
at an interjet spacing of $/é 4 would achieve the required heat transfer coefficient at a flow rate
of 6.5 L:min and a pressure drop of 6.54 kPa across the orifice plate. Accounting for other minor
losses such as the expansion into the plenum, friction within the lower channel and a sudden
contraction at the exit increases the predicted pressure drop of the waterblock assembly to 10.14
kPa.

3.2 Remote Heat Exchanger Design

As with the waterblock design, the motivation here is to design the remote heat exchanger
to meet the thermal performance target with minimal size whilst having a great deal of its
components compatible with low cost injection molding manufacturing. Since plastics have a low
thermal conductivity it is not feasible to use them as the heat transfer surface material, which
must be metallic. Based on this the device illustrated in Fig. 4 was conceived. The heat exchanger
consists of two plastic inlet and outlet plenums and a tube bundle in cross flow with air over its
outer surface and hot water flowing on the inside of the tubes. Based on a set of constraints that
will be outlined below, the remote heat exchanger cooling capacity design point was 200 W
without excessive pressure drop on both the air and water sides.

Predicting the heat transfer rate from a tube bundle heat exchanger depends on numerous
parameters including the approaching air velocity,£oolant volumetric flow rate, Ynumber
of tubes, Nupes tube-to-tube spacing in both the transverse and longitudinal directio&8sSS
tube inner diameter,de;, tube wall thickness;te ambient air temperature,,Tand the water

temperature at the inletyy in.
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In the design of this heat exchanger the number of variables was reduced by fixing certain
parameters and defining reasonable constraints. Pressure drop on the water side was targeted to be
less than 7 kPa, as it had to be within the limitations of the system’s pumping capabilities
considering that the waterblock consumes approximately half of that available from the pump.
Also, pressure drop on the air side had to be kept below a reasonable limit, which would be
dependent on the capabilities of the selected fan, as will be discussed. Furthermore, a limitation
on the incoming air velocity needed to be established. A survey of commercial fans indicated that
air speeds above 5 m/s are sparse, and hence this value was selected as the air speed threshold in
the design calculations. Also, due to the generally higher overall heat transfer coefficients
compared with in line tube bundle, only the staggered arrangement was investigated=n8h S
With regards to the heat exchanger dimension its length and width was fixed at 92 mm x 92 mm
commensurate with the fan dimensions. Based on a survey of commercially available small
metallic tubing, the range of inner/outer diameters ranged between 0.794mm/1.588mm and
3.969mm/4.763mm and considering possible cost and weight implications only aluminum was
considered. Furthermore, finned tubes were not considered as it was thought that this would
adversely affect cost. Based on the waterblock, analysis the water flow rate was fixed at 6.5
L/min. While conforming to all of these design constraints, it was aimed to dissipate the required
heat load at the lowest possible overall heat exchanger volume.

The configuration for the staggered tube bundle arrangement is illustrated in Fig. 5. The total
heat transfer rate, Q, from a tube bundle is dependent upon the number of tubes, N, the overall
heat transfer coefficient, U, and the log mean temperature diffe€fhige,and it is expressed as
follows,

Q= NUAAT,, 9)
where

1 In(D,/D,) 1
hA 2L hA

The log mean temperature difference was defined in Eq. 5.

UA, = (10)

For a single tube, the internal heat transfer coefficientwhs determined by assuming

fully developed laminar flow and constant surface temperature such that,
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Nu,, :%:3.66 (11)

In order to determine the outer heat transfer coefficient for the tube bundle, the methodology of

Khan et al. [22] was employed. In their study, Khan et al. [22] investigated heat transfer from tube

banks in crossflow under isothermal boundary conditions. A Nusselt number correlation was

provided as follows,

hoD, _
k

Using this correlation, the outer heat transfer coefficient was determined. The coefficisnt C

Nug, = CRePr”® (12)

dependent on both the transversg, &d longitudinal, § tube-to-tube spacing and was found
using the following,

0091 0053
c =, 0818 5
[ 1-22xp- 1095 )]

(13)

where,

The Reynolds number was determined using,

- DOU max (15)

dlubeﬁo V

Due to the staggered nature of the tube bundles, different air velocities will exist as it flows
through the bundle, due to contractions and expansions in the area through which it figuss. U

the greatest air velocity that occurs within the bundle and is determined with the expression,

U, :ma{ St Uapps St Uappj (16)
S -1 S,-1

where $ is defined as,

s =s+(%4 j a7

As mentioned previously, pumping limitations impose a limit on the maximum permissible

pressure drop that could occur across the water side of the heat exchanger. In initial calculations,
only the pressure drop through the tubes was considered. Laminar flow was assumed and the

pressure drop was calculated using,
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2 2 2
AP: 32Lutube 10 +1. putube +1. on (18)
Re, D, 2 2

where L is the tube length andyd is the mean water velocity in the tube angli¥Jthe liquid

velocity entering and exiting the plenums. The first term in EQ.18 determines the pressure losses
due to friction within the tube. The second term determines the losses associated with entry and
exit to and from the tube. With regards to fan selection, the pressure drop on the air side is also

important and was calculated from,

2
AP= NL/](p Uzmax Jf (19)

where N is the number of tubes in the longitudinal direction, which is the direction in which the
air is flowing. The correctior,, and friction,f, factors depend on the Reynolds number and the
tube-to-tube spacing. The values for these parameters are presented in [21]. Also, all water
properties were evaluated at the average water temperatufeagland air properties were
evaluated at the air side film temperature

Somewhat similar to the procedure outlined above for the waterblock, appropriate tube
size, pitch and air velocity were specified. It was then determined how many tubes could fit
vertically in each successive row and the number of rows increased until the required power was
dissipated. This was done for inter tube spacing of<L/8< 1.75 and air velocities between 2
m/s and 5 m/s. Based on the predictions, it was estimated that a total of 90 tupe3 @6®Dmm
and 0D=3.175 mm with a spacing of S/d=1.5 could dissipate the thermal load with a small enough

pressure drop on both the liquid and air sides.

4. RESULTSAND DISCUSSION
3.1 Waterblock Only

Figure 6 illustrates the relationship between the thermal resistance and volumetric flow rate
for the jet array waterblock as well as a popular commercially available waterblock (Danger Den
MC-TDX CPU Cooler) for power loads of 100 W, 150 W and 200 W. Also shown in the figure is
the predicted thermal resistance for the 200 W loading test. These tests were conducted using
mains water supply with a nominal inlet temperature of 15°C to replicate the scenario of data

centre cooling where the spent flow could be routed to a secondary chilling unit.

13



As evident from Fig. 6, the thermal resistance decreases with increases in volumetric flow rate
for both units. Furthermore, the jets water block demonstrates a considerably better performance
than the MC-TDX with thermal resistances, on average, 60% lower. The jets water block achieves
its best performance at 10 L/min with a thermal resistance,ef ®076 K/W, while similarly the
MC-TDX achieves its best results with a thermal resistance,cf B 149 K/W at the same flow
rate. The predicted thermal resistance are consistently lower than the measured values though
within 10-20% which can be considered adequate.

As mentioned previously, the pressure drop and hydraulic power requirements play important
roles in a water block’s suitability for implementation in the cooling of a CPU. Fig. 7 illustrates
the corresponding relationships between the volumetric flow rate and pressure drop across each
water block. Variations in pressure drop were found to be negligible at the different heater block
power outputs. Furthermore, the predicted pressure drop across the waterblock is also included in
the figure. As is evident the jets waterblock experiences pressure drop considerably greater than
MC-TDX. Furthermore, the actual pressure drops across the jets water block exceed the predicted
values by up to 19% in the upper flow rate ranges. This is reasonable considering the Robinson-
Schnitzler correlation for the friction factor was developed with +25% scatter bounds. Fig. 8
depicts the relationship between thermal resistance and pumping power for the jets and MC-TDX
water blocks. As can be seen, the jets water block performs considerably better as a result of its

superior heat transfer coefficient.

3.1 Waterblock and Remote Heat Exchanger Circuit

Figure 9 depicts the relationship between thermal resistance and power loading for both the
jets water block and tube bundle heat exchanger at a flow rate of 5.25 L/min, which was the
maximum achievable flow rate for the current set up. This is less than the desired flow rate of 6.5
L/min due to the pressure drop associated with the rotameter. Also included in the figure is the
total thermal resistance of the system defined here as,

Tws — T

R = 2 (20)

th System ™ Q

The thermal resistance of the cooling system was found to decrease from about 0.25 K/W at
50 W and plateau approximately 0.18 K/W approaching 200 W. The increase is due to the

increase in the average and film temperatures of the fluids which tends to increase thermal
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conductivity and decrease viscosity in such a way as to improve the heat transfer coefficient. This
is more marked for the remote heat exchanger which decreases by a factor of 1.9 between 50W
and 200W which is a desirable trait for thermal management hardware. It should be noted that the
predicted thermal resistance for an air speed of 4.5 m/s at 200 W was 0.044 K/W which compares
favourably with the measured value 0.057 K/W, representing a 23% difference. It is suspected
that a portion of this discrepancy can be accounted for by the poor distribution in the air velocity
from the fan.

Figure 10 shows the variation of water inlet, waterblock base and the heater block surface
temperature with imposed power. The heater block surface temperature of course depends on the
thickness and effective thermal conductivity of the TIM layer. For this investigation an even layer
of Arctic Silver 5 thermal paste was applied and 50 um shim stock was used to level and fix the
thickness of the TIM. It is evident from Fig. 10 that the cooling system is capable of maintaining
a chip temperature of 65°C with a power loading of 200 W, which is a safe margin below the
maximum operating temperature, generally quoted as 85°C. With a higher performance TIM the
chip temperature would approach the waterblock base temperature which was 53°C at the highest
power level.

Figure 11 depicts the relationships between thermal resistance and the liquid volumetric flow
rate for a fixed heat load of 75 W. Also included in the figure is the relationship between the
thermal resistance of the system and the volumetric flow rate. Both the water block and the
remote heat exchanger thermal resistances decrease with increased volumetric flow rate. The
compound effect is a steeper drop in the system thermal resistance.

Figure 12 shows the relationships between pumping power and volumetric flow rate, and the
thermal resistance and pumping power for both the jets water block and tubes heat exchanger.
The predicted pumping power values for the tube bundle and jets water block are also included in
the figure. Fig. 12a shows that the predicted pumping power profiles compare reasonably well
with the measured ones with the waterblock having the highest hydraulic power penalty. Fig. 12b
shows that a system thermal resistance in the range of 0.2 K/W is achievable with a hydraulic

power penalty of about 1.5 W.
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CONCLUSIONS

A liquid cooling system for CPU thermal management has been designed and tested for a
cooling capacity of 200 W. A miniature jet array waterblock and a tube bundle remote heat
exchanger were utilized since they could be manufactured using low cost injection molding
which could significantly reduce the cost of the integrated system. The waterblock was designed
to have as small as feasible footprint at board level whilst the remote heat sink was designed to
dissipate the required heat load with as small a volume as possible under a pressure drop
constraint.

The liquid based cooling system concept successfully dissipated the required 200 W with
a chip temperature of 65°C and a waterblock base temperature of 53°C. The overall system
thermal resistance was determined to decrease from 0.25 K/W at 50 W loading to 0.18 K/W at
200 W loading. A similar drop in the system thermal resistance was obtained for increasing the

liquid volumetric flow rate between 2 L/min and 5.5 L/min.

Future work will address the thermal resistance of the waterblock. By unconfining the
flow and adding a larger number of smaller diameter orifices it should be possible to significantly

reduce thermal resistance and pressure drop thus that of the overall system.
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NOMENCLATURE

area
specific heat capacity

diameter
tube internal diameter
tube outer diameter

friction factor

Full Scale

gravity

convective heat transfer coefficient
nozzle-to-target spacing
thermal conductivity

length

mass flow rate

number of jets; number of tubes
Nusselt Number

pressure drop

Prandtl number

power

heat flux

jet-to-jet spacing; tube-to-tube spacing
equation constant

spacing

radius

Reynolds number

thermal resistance

nozzle plate thickness
temperature

overall heat transfer coefficient
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Subscripts
cu
f

film

liquid velocity in tube
mean water

velocity

jet velocity
volumetric flow rate

axial coordinate

thermal diffusivity
boundary layer thickness
correction factor

density

surface tension

dynamic viscosity

kinematic viscosity

copper
fluid

film
hydrodynamic
hydraulic

heat exchanger
nozzle
stagnation point
out

surface

top

thermal

water block
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Highlights

We describe aliquid CPU cooling system.
The cooling capacity is 200 W for a surface area of 8.24 cm?.
* Theoveral thermal resistanceis 0.18 K/W.

* The system requires approximately 1.5 W of hydraulic power.
e Thesystem is amenable to low cost manufacturing



